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Abstract

Friction is one of the most important causes of energy losses in mechanical systems. In
ships, substantial friction losses are present in the propulsion system, both in the engine
(in piston rings, crankshaft bearings and connecting rod bearings, etc.), and in the shaft
arrangement (in journal bearings and in thrust bearings), as well as in the gearbox unit, if
it exists.

The present work is concerned with the study of friction losses and their mitigation in
thrust bearings, especially in those which fall into the category of fluid film bearings.
These key machine components are used to transfer large axial loads between a rotating
and a stationary part by developing hydrodynamic pressure in a thin lubricant film that
separates the shaft from the bearing. Apart from their usage in marine propulsion
systems, thrust bearings can also be found in many other rotating machines like pumps,
turbines, compressors and hydro generators.

The aim of the present study is to model both the thermal and the hydrodynamic
phenomena (Thermohydrodynamic - THD analysis) of the fluid flow during the operation
of a tilting-pad thrust bearing, using Computational Fluid Dynamics (CFD). To this end, a
geometric model of a three dimensional sector-shaped bearing pad is generated and
utilized within a CFD code, which calculates the tribological characteristics of the system.
Additionally, a developed scripting tool is used to attain the equilibrium position of the
bearing pad, by equalizing the forces and moments exerted on the system. Attention is
given to the trends of essential operating parameters, including minimum film thickness,
friction torque, maximum fluid temperature and maximum fluid pressure, under various
operating conditions, in particular under different rotating speeds and imposed thrust
loads.

Following the results of recent research, which have shown that application of artificial
surface texturing to a part of a sliding surface may lead to reduced friction and increased
film thickness in other tribological applications, this study investigates the impact of
certain geometric patterns on the performance of tilting-pad thrust bearings. Four
different types of thrust bearings of the same principal dimensions have been evaluated
for different combinations of thrust load and rotational speed: (a) a pocket bearing, (b) a
bearing with circumferential grooves, (c) a bearing with radial grooves and (d) a bearing
with rectangular texturing. In addition, for the two most effective geometries, a
parametric analysis has been conducted to identify the effect of the main design
parameters on bearing performance. The examined parameters are the textured depth,
as well as the radial and circumferential texture extents. For each case, the performance



gains obtained by texturing are evaluated with respect to the performance of a
conventional plain bearing. Finally, following a different approach, the potential effects
on thrust bearing performance of introducing hydrophobic properties on part of the
tilting-pad surface are assessed.

The present results demonstrate a potential for substantial improvement of bearing
performance, with proper application of artificial surface texturing or hydrophobicity to
the tilting-pads of thrust bearings. Specifically, introducing a large shallow pocket of
appropriate dimensions at the inflow region of the pads may result in reduction of friction
torque of approximately 12% in comparison to the plain tilting-pad thrust bearing, thus
substantially improving bearing efficiency. At the same time, the observable increase in
minimum thickness of the lubricating film (an indicator of bearing performance) reaches
23%. Even more impressive results can be expected by application of hydrophobicity to
the tilting-pads of a thrust bearing. Based on the present results, an increase of 62% in
minimum film thickness and a simultaneous decrease of 32% in friction torque, in
comparison to the plain tilting-pad thrust bearing, can be theoretically achieved.



Zuvoyn

H tpBl amoteAel pia amd TIC PAOLKOTEPEC QUTIEG EVEPYELAKWY QATWAELWV OTA
UNXOVOAOYIKA CUOTHHATA. XTO TIAOLO, ONUAVIIKEC amwAEleg e€attiag¢ Twv TPBWV
gvtomni{ovtal otn MPOWOTHPLA EYKATACTACH, TOCO OTO ECWTEPLKO TNG KUPLAG UNXOVAG
(ota ehatnipla Twv gupolwy, ota €dpava Baong kat Slwaotnpa), 600 KAl OTO ALOVIKO
ocvuotnua (ota €6pava ypaupng Kot xoavng, KaBwe Kal 0To woTLko €6pavo), OTwG emiong
KOl OTOV PELWTN PO OTAV UTIAPXEL.

H nmapouoa epyacia, adopd otn LEALETN TwV aMWAELWV TPIRAG 08 WOTIKA £Spava, Kal
€lOIKOTEPA O€ €eKelva TOU EUMIMTOUV OTn Katnyopio twv edpdvwv udPOSUVOULKAG
Altmavong. Ta wotika €6pava  amoteAoUv BOOKA HNXOVOAOYLKA OTOLXElOL TIOU
XPNOLUOTIOOUVTAL Yl T HETAS00N MEYAAWV OEOVIKWV SUVAPEWV, OELOTIOLWVTAG TLG
UVSPOSUVAULKEG TILECELG TTIOU OVATITUCOOVTOL OTO ECWTEPLKO VOGS AETITOU GUAU AUTAVTLKOU
mou Staxwplilel Tov meplotpedopevo afova amod to otabepo Tunua tou edpavou. MNépa
amo TN XPNOoNn TOUC OTA VAUTIKA OCUOCTHUATA TIPOWOEWCG, TETOOU eidoug £6pava
QIMAVTIWVTOL O TEPLOTPEDOUEVEG UNXOVEC Slodopwv edwv, OMwE oL avriAieg, ot
oTpOPBLAOL, KOL Ol CUMTILECTEG.

2TOXO0 TNG MAPOoUoAG EPYACiOG AMOTEAEL N LOVIEAOTIOINON TOOO TWV BEPUIKWY OGO Kol
Twv  USpoduvaulkwy GAWVOUEVWY TOU pPeUcTOl  KATA Tn Aswtoupyla  €vog
autoppubulopevou  wotikoU edpdvou. T TOV OKOMO autov  dnuloupyndnke
TPLOSLAOTATO YEWUETPLKO LOVIEAD €VOC TTEALATOC TOU €dpAvou, To omoio aflomolOnke
oto mAaiolo evog kwdika YroAoyloTtikng Pevotoduvapikng (CFD), yla Tov UTIOAOYLOUO TwV
TPLBOAOYIKWY XOPOKTNPLOTIKWY TOU OUOTNUATOG. EmumtAéov, He TN XPNon &vog
TIPOYPOAUUATLOTIKOU €pyaAEiou Tou avamtuxbnke oto mAaiolo Tng mapoloag Epyaciag,
€ywve duvatn n ebpeon ¢ BEong LooppoTtiag Tou MEAPATOC Tou edpdvou, AapuBdavovtag
umoyn TIc SUVAUELG Kal POTEG ToU e€aokouvtal oto cuotnua. Eudaon §60nke otn
kataypadn Kat availuon Baolkwy MAapopETPWY AELTOUPYLOC OTIWCE TO EAAXLOTO TTAXOG TOU
AutavtikoU ¢AY, n pomn avtiotaong Aoyw TPLBwV, N HEYLoTn Beppokpacio Kal N HEYLOTN
mieon Ttou Autavtikol, ot OLadopPETIKEG KATAOTAOELS Aeltoupyiag tou edpdvou
(6LadopeTikeg TaxUTNTEG TtEpLOTPOPNC TOU Afova Kal SLaPOoPETIKEG AEOVIKEG SUVAUELS).

AkolouBwvtag ta anoteAéopata MPOoPATWY EPEUVNTIKWY TPOOTIABElWY, T omoia
KatadelkvUouv OTL edopuoyn TEXVNTAG TpaxUTNTOG O UEPOG TNG ETLPAVELAG TOU
eSpavou pmopel va odnynosl o pelwpévn TR Kal auvénuéva mayxn Autavtikou, n
napovoa epyoaocia e€eTAlel TNV EMIOPACN CUYKEKPLUEVWVY ETILDAVELAKWY SLApOpPWOEWY
otnv anodoon &voc autoppuBUOpEVOU WOTIKOU £8pavou. ITnV mapouca £pyaocio
HeEAETAONKOV wOTIKA €6pava pe TEooepl OLadopeTIKEC HOPDEG ETULDAVELAKNG
Tpaxvutntag, dwwv KUpwwv Slaotdocwyv, oe Slddopoug cuvduacuous GopTonG Kol
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MEPLOTPOPLKNG TaxVTNTAG: (a) £6pava e eviaia pnxr KOWOTNTA oTNV TEPLOXN €L00S0U
Tou AutavtikoU glaiou, (B) €6pava pe epldePELOKEG eyKOTECG (aUAAKLA), (V) EOpava e
OKTLVIKEC €YKOTIEG, () €dpava pe opBoywvikn emibavelakn TpaxUTNTA. ITN CUVEXELQ, YLO
ta SVo amodotikotepa €idn edpavwv, Ole€nxOn mMapAPETPIK avaAucon yla va
e€akplPwOel n emibpaon TwWV PACIKWY YEWUETPLKWYV TTAPAUETPWY 0TV anddoaor toug. Ot
e€etalOpeveg mapApeTpoL elval To BAaBog TpaxuTnTag, KABWC KOt N EKTACK TNG KOTA TNV
OKTWIKN KoL Tepupepelakny OlevBbuvon. e  kaBe meplmtwon, n  PBeAtiwon
TLOOOTIKOTIOLONKE CUYKPLVOEVN HE TNV amodoon evog ouppatikol edpdvou avadopdac.
Téhog, akoAouBwvtag pia Sladopetik) mpoogyylon, afloAoynbnke n Sduvatotnta
BeAtiwong tnN¢ amoédoong wotlikwv edpavwv, pEow edappoyns uvdpodofikwv
XOPAKTNPLOTIKWY OE TUAMO TNG EMLPAVELAG TOU TTEAUATOG.

Ta mopovia amoteAéopaTa KATASELKVUOUV TN SuvVOTOTNTA CNUAVILIKAG BEATIWONG TG
anodoong TwWV WOTIKWV €dpavwy, He KATAAANAN edappoyr TeEXVNTAG TtpaxUTnTac N
VOPOPOPIKOTNTAC OE TUAHA TNG EMULPAVELOCG TOU TIEAMOTOG. UYKEKPLUEVA, N ELOAYWYN
HLOG eviaiag HeyaAng pnxng KOWOTNTOG OtV TEPLOXN €L0680U Tou AUTAVTIKOU gAaiou
UTopel va 08nynoeL o pelwon £wg kot 12% tng pomng TPLBNg, evw n avtiotowyn avénon
TOU €AAXLOTOU TIAXOUG Tou AumavtikoU ¢ eival tng taéng tou 23%. Meploodtepo
UTTOOXOMEVA EvVaL Ta AMOTEAECUATA YL TN TEPUMTWON TG epappoyng udpodofLkotnTag
o€ autoppubuLlopeva WoTka €6pava, divovtag BewpnTikd PEyLoTA TNG TALEWG ToU 62%
avadopka e TNV avEnaon Tou eAdxLoTou axoug ¢iAp, Kal 32% avadoplkad e Tn peiwon
NG pomn¢ TPLRNC, o€ ox€on pe To cupPatikod €5pavo avadopag.
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Nomenclature

A pad area (m?)

B pad width (mm)

B; width of textured area (mm)

Bq width of hydrophobic area (mm)

cpr  specific heat capacity of fluid (J/kg.K).
Cps specific heat capacity of solids (J/kg.K)
D, pad mean diameter (mm)

D; pad inner diameter (mm)

D, pad outer diameter (mm)

Op pad angle (°)

Opivor Circumferential position of pivot point (°)
Rpivot Pivot radius (mm)

tpaa  Pad thickness (mm)

teotiar collar thickness (mm)

Fr friction force (N)

Ty friction torque (Nm)

f friction coefficient
* . . . . . * FfL
f normalized friction coefficient: f* = ——
W-Hmin
H local film thickness (um)

H,in  minimum film thickness (um)
Hpi,oe film thickness at pivot location (um)

H,.; reference film thickness (um)
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H, textured depth (mm)

L pad length at bearing mid-sector (mm)

L; textured length at bearing mid-sector (mm)

Lg length of hydrophobic area at bearing mid-sector (mm)
M,, x-component of torque about pivot point (Nm)
M, ,, y-component of torque about pivot point (Nm)
Ny, number of pads

N rotational speed (RPM)

P specific load (MPa)

p pressure (Pa)

Pr Prandtl number

Pr power loss due to friction

Qfeea feeding oil flow rate (m3/s)

r radial coordinate (mm)

Re local Reynolds number: Re = pUH /u

T fluid temperature (°C)

Tamp ambient temperature (°C)

Tin fluid inlet temperature (°C)

Tox fluid outlet temperature (°C)

Treeq feeding oil temperature (°C)

U rotor speed at pad mid-sector (m/s): U = w ' r
V fluid velocity vector

w bearing load capacity / thrust load (N)
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Xp

Yp

circumferential coordinate of a local Cartesian system having the pivot point as

the origin

radial coordinate of a local Cartesian system having the pivot point as the origin

hot oil mixing coefficient: a =

Tin—Tex

Tfeed —Tex

convention coefficient (W/m?.K)

tilt angle about the pivot point in the circumferential direction (pudeg)

tilt angle about the pivot point in the radial direction (pudeg)

thermal conductivity of fluid (W/m.K)

thermal conductivity of solid (W/m.K)

fluid dynamic viscosity (Pa.s)
fluid kinematic viscosity (cSt)
fluid density (kg/m3)

shear stress (Pa)

rotor angular velocity (rad/s)
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1. Introduction
1.1. The significance of tribology

Tribology is the science that studies friction, wear and lubrication of interacting surfaces
that are in relative motion. While it is a relatively new branch of science, tribology is the
mature result of the basic need of human activity to minimize work and wear wherever
loads and motion must be transmitted between mechanical parts. The science of
tribology draws from several other scientific branches including physics, mechanics,
chemistry, engineering, and it encompasses a wide range of topics. These include the
modeling of lubrication phenomena as well as the subsequent, development of new
lubricants or surface treatment technologies and the general optimization of tribological
elements, with the aim of reducing power losses or wear.

Though there have been great steps towards design optimization of machinery
components in the last century, controlling friction and wear is still a topic of intense
research and development. As is well known, friction between the moving parts of a
machine leads to heat generation and (unwanted) power loss. It is estimated that one
third of global energy consumption is spent in attempt to overcome friction in the various
forms that it occurs. Clearly, the potential economic benefits of reducing friction are
significant, but it is also recent environmental concerns which are responsible for the
increasing interest in this field. In industry, there are countless numbers of applications
which involve moving parts with surfaces in close proximity to each other, varying in scale
from tiny micro turbines to massive machines like hydro generators.

The field of marine engineering is no exception and comprises many applications where
friction plays a decisive role in overall performance. In ships, important power losses are
present in Diesel engines (in piston rings, crankshaft bearings and connecting rod bearings
which in total lead to 5-7.5% power loss of BHP), at the shaft arrangement system (where
losses of 1-2% of BHP in thrust bearing and journal bearings can be found) as well as in
the gear unit (with losses around 1-2% of BHP), if it exists (Figure 1). Energy cost due to
friction and wear for a particular mechanical device may seem low compared to the total
power of the device. However considering those same losses for a large number of
similar-type systems, the cost becomes very important over time.
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1.2. Historical-Literature review

One of the oldest and most important ways to reduce friction and the associated wear is
a phenomenon called hydrodynamic lubrication. The theoretical basis of hydrodynamic
lubrication was laid in 1886 by Osborne Reynolds and, to this day, it continues to be
enriched by the publication of numerous research papers every year. According to
Reynolds’ theory, two sliding surfaces separated by a thin lubricating film of an
appropriate fluid can transmit a thrust load between them on the condition that they
have a slight relative inclination. In the converging region between the two surfaces, a
pressure is generated to balance the applied load and maintain the separation between
the surfaces, reducing friction wear and excessive heating of the mechanical components.

Among the typical applications of hydrodynamic lubrication are thrust bearings, designed
to transfer axial loads between rotating and stationary parts. The standard design of
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thrust bearings for many decades consisted of circumferentially placed pads with fixed
surface inclination. Pivoted or tilting thrust bearings, in which each pad can rotate and
balance at several inclinations, were first invented early in the 20th century. However,
they were not widely used until several decades later due to their increased cost relative
to fixed pad bearings. Independently invented by Kingsbury and Michell, tilting pad
bearings, are able to self-adjust to optimal film geometry for any operating condition
thanks to a joint located at the base of each pad. This unique ability is why, after
overcoming some design problems associated with high parasitic losses, tilting-pad
bearings proved their superior performance and they are now commonly used in all kinds
of high-tech applications.

The improvements in the design of both fixed and tilting pad thrust bearings have been
aided by corresponding developments on a theoretical level. Originally, the analyses of
hydrodynamic thrust bearings were predominantly based on the solution of Reynolds
equation for pressure distribution. However, with the constantly growing capacity of
computers, research increasingly included solutions of more generalized forms of the
Reynolds equation which take into account more complex fluid flow characteristics. These
more recent numeric studies also considered significant secondary phenomena like
viscosity variations [1], groove effect for determining the inlet pressure [2-3] and
temperature [4] as well as elastic deformations of the pads and the collar due to pressure
and thermal fields [5]. A recent study [6] has shown that, of the above, thermal effects in
particular can drastically affect bearing performance indices, especially at high rotational
speeds or/and loads.

With the deeper understanding of the tribological phenomena of hydrodynamic
lubrication, the potential for optimizing existing designs expanded. New concept designs
turned to the implementation of roughness patterns on the faces of the bearing
components [7-10]. This process, called surface texturing, included the introduction of
small, periodic irregularities of various shapes on a lubricated surface that could reduce
frictional losses and increase load carrying capacity. Many experimental studies [11-12]
have confirmed the effectiveness of such solutions: proper application of artificial
textured patterns on part of the stator surface can, in certain situations, build up thicker
lubricating films, simultaneously reducing the friction coefficient and acting against wear.
For fixed pad thrust bearings in particular, the effects of implementing artificial surface
texturing of varying characteristics have been presented in [13]. The authors found that
optimal texturing dimensions do exist in terms of load capacity with texture density being
the key parameter into improving a bearing’s performance.
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Research on surface texturing has been accompanied and further amplified by the
advances in surface treatment technologies which have enabled the accurate
manufacturing of texture patterns on machine components such as journal and thrust
bearings with resolutions in the micron scale [14]. Although such surfaces, textured with
micro-stereo lithography technology, have not been fully implemented in the industry,
the potential for enhancing the tribological performance of machine elements has
extensively been investigated by using laser surface texturing [15-16]. Aside from the
above, other surface treatment techniques have been widely utilized, such as chemical
etching, surface indentation, micromachining, LIGA processes and ultrasonic methods.

While the technical challenges of implementing surface texturing in bearing designs are
being increasingly met, the issue of successfully modeling such designs still remains open.
While, in general, the use of the Reynolds equation gives satisfactory results for problems
of hydrodynamic lubrication in which the interacting surfaces have a simple geometry and
the rotation speeds are small, it is not so effective for more complex textured geometries.
For textured infinite-width sliders, the applicability of the Reynolds equation has been
investigated in [17]. It was shown that the validity of the Reynolds equation cannot be
decided by the Reynolds number alone, as the geometric parameters of the texturing (in
particular, aspect ratio and depth) may have an equally important influence. As a result,
the present state of the art models include three-dimensional solutions of the Navier-
Stokes equations together with simultaneous solutions of the energy equation, resulting
in full thermohydrodynamic (THD) simulations of textured bearings [18-19]. Such complex
CFD analyses provide a better insight at the flow field and the operational characteristics
of the bearings and, in contrast to older models based on the Reynold equation, they are
capable of taking the effects of fluid inertia into account, as well as those of temperature
and pressure distribution in the film thickness.

Optimization of the texture geometry and placement has also been attempted by several
researchers. Either by utilizing Reynolds equation e.g. [12,20], or by using CFD [13,21], the
results of such studies for textured pad thrust bearings prove the existence of an optimal
design for a certain geometry and operating profile.

Though optimization of textured surfaces seems to have the potential to substantially
improve bearing designs, many researchers have recently shifted their focus to the study
of a much more promising surface treatment. In particular, many efforts have been
oriented towards the idea of applying hydrophobic properties on sliding surfaces.
Hydrophobic surfaces have wetting resistant characteristics, which drastically reduce the
levels of friction during fluid flow [22-23]. A succession of experimental studies using
several different methods has proven that, on such surfaces, simple Newtonian liquids
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can slip over a solid boundary [24-25]. In particular, this occurs with surfaces
characterized by a complex nano-structure, and fluids that exhibit low adhesion in the
fluid-structure interface. The observed results are consistent with slip occurring at a
critical shear stress of 0.03 Pa and a Navier slip length of 4 um [26].

1.3. Goals of the present study — Thesis outline

Due to the limitations imposed by the application of the Reynolds equation, the use of
Navier-Stokes equation solvers has become increasingly important in the flow analysis of
fluid bearings. However, due to the high computational cost of a completely realistic,
assumption-free solution, the majority of CFD studies have been isothermal and restricted
to the study of fixed geometry flows. Taking this into account, the present study aims at
modeling not only the flow but also thermal effects in tilting-pad thrust bearings. For
these bearings, the equilibrium position of bearing is also sought, therefore, the proposed
CFD-based thermohydrodynamic solver is coupled with an iterative equilibrium solver,
based on the Newton-Raphson method.

The present model is first generated and validated for a typical smooth tilting pad thrust
bearing. Then, the model is appropriately extended to account for different surface
treatment patterns of the stator surface. In particular, four different patterns are
considered, namely those of a stator with a large shallow pocket in the region of oil
entrance, a stator with circumferential or radial grooves and a partially textured stator
with rectangular dimples. For the two types of geometry with the most favorable
performance, a parametric analysis is performed in order to identify the effect of
texturing design parameters on bearing performance characteristics. Finally, the potential
of implementing hydrophobic properties on part of the stator surface is also investigated.
The summarized findings of the present thesis are presented and conclusions are drawn
in the final chapter.
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2. Thrust Bearings
2.1. Overview

A quite detailed definition for bearings is given by Hamrock [27], who states:
“A bearing is a support or guide that locates one machine component with respect to
others in such a way that prescribed relative motion can occur while forces associated
with machine operation are transmitted smoothly and efficiently”.

In general, bearings can be categorized in two classes: bearings with rolling elements and
sliding bearings. Rolling element bearings, Figure 2(a), attempt to minimize friction by
introducing interfaces such as balls, cylinders or barrels which rotate in a direction
opposite to the relative motion of the two surfaces. These are the most common type of
bearings and are found in numerous applications in everyday life.

On the other hand, the term sliding bearing (see Figure 2(b)) refers to a type of bearing
where two surfaces slide relative to each other with load distributed perpendicular to the
interface. The "interface" in this case is a sufficiently thick film of lubricant, which is
maintained between the sliding surfaces in order to keep them at a distance. The lubricant
may be liquid or gas, and its load-carrying capacity is derived from the pressure within the
lubricating film; this pressure is generated by hydrodynamic effects due to the relative
motion of the sliding surfaces (self-acting bearings), by external pressurization
(hydrostatic bearings), or by a combination of these actions (hybrid bearings).

Sliding bearings are commonly used in applications characterized by high loads and
dynamic effects that require high standards in terms of lifespan and efficiency, which
rolling bearings cannot provide. They are also preferred for their accuracy, robustness,
lower noise levels and absence of vibration effects. Based on the direction of the forces
acting on the bearing, sliding bearings can be categorized as journal bearings (support of
radial forces) or thrust bearings (support of axial forces), with the latter being the subject
of the present work.

Tilting pad fluid-film thrust bearings were invented by the Australian engineer G. Michell,
and since then they have been implemented in various types of rotating machinery, such
as pumps, compressors and turbines. A significant application of tilting pad technology
are the thrust bearings in marine propulsion systems, which are responsible for receiving
the axial forces produced by the propeller and subsequently transmitting the thrust to
the whole ship structure.

Typically, thrust bearings consist of a moving part (rotor) and a stationary part (stator).
The stator is composed by a number (usually 5 to 8) of circular sections or sector shaped
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pads, circumferentially arranged. The lubricant required to form a thin film between the
moving and the stationary bearing parts is usually supplied through appropriate grooves
between each pair of pads.

Figure 2: Sketch of (a) a thrust ball bearing, and (b) of a hydrodynamically lubricated thrust bearing.

As already mentioned, this type of bearings operate based on the principle of
hydrodynamic lubrication. Basic conditions for the development of a hydrodynamic
lubrication film are the following:

The usage of viscous lubricant

Sufficient relative velocity of the interacting surfaces
Slight inclination of the interacting surfaces relative to each other

i — A N Inflow U Outflow
':':.l\\ _ ,/i region ———>  region
— o
NN
K\t\ /%’j

o
Figure 3: Formation of hydrodynamic wedge in converging sector pad thrust bearings.

The geometry of a converging micro-channel is presented in Figure 3. The moving wall
generates shear forces, and exerts motion to the fluid which flows from the channel
inflow to the outflow. As the fluid passes through the wedge geometry, it builds up
pressure, which exerts forces on the channel walls. Force equilibrium is attained by the
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presence of an external vertical load W on both walls. Throughout this process, energy is
expended by the work done by the shear forces at the moving wall - fluid interface.

The load carrying capacity is greatly dependent on the convergence angle of the wedge
and, as a result, fixed inclination bearings do not work well under varying operating
conditions. In order to have a satisfactory behavior in different loads, a prerequisite for
many applications, a pivot point is placed at the bottom of the stationary pad. In this way
small changes in angle (tilting) are allowed in all directions granting the ability of self-
adjustment depending on load requirements. Therefore, changes in thrust load,
rotational speed or lubricant viscosity will be followed by an adjustment of the bearing
position (equivalently of the film geometry), so that equilibrium of forces is achieved. This
change in geometry means reducing or increasing the minimum clearance between the
faces of the stator and collar as smaller film thicknesses lead to higher pressure and thus
higher load-carrying capacity, and vice versa.

Since each pad in the bearing is free to rotate about a pivot or, less often, along a line, or
suspended on an array of springs [28], moments cannot be developed. As a result, the
destabilizing forces are greatly reduced or eliminated, and the bearings are no longer a
potential source of rotor-dynamic instability. This feature has made tilting pad bearings
the standard fluid-film bearing for most high-speed applications.

As with all lubrication-based applications, the effectiveness of fluid-film bearings is based
on the type of lubrication they provide, namely on the "lubrication regime" of the specific
application. The main lubrication regimes are illustrated in Figure 4. This diagram is
commonly referred as the “Stribeck curve”, after the German engineer Richard Stribeck.
The dominating lubrication regime between two surfaces is indicated by the value of
viscosity relative to the dimensionless film thickness parameter A which is a function of
the minimum film thickness and of the surface roughness expressed as the quadratic
mean surface deviation of the lubricated surfaces.

Correctly dimensioned, the bearings operate in the hydrodynamic lubrication regime and
are only subject to boundary and mixed lubrication regimes during transient operating
conditions such as sudden changes in load or speed, and at startup. The latter issue can
be dealt with by using hydrostatic jacking for lifting up the rotor at startup. In general, the
critical limit for low-speed operation is minimum oil film thickness, while in high-speed
operation, the maximum temperature is usually the limiting criterion.

24



e~ Mixed

u 4

[3

Bmmd:uy\

] Hyvdrodynamic h

0

i
—
(=]
—
I
l
o
.
=)
=
e
~
o
v
c
(2]
)
-
S’

C) Full film lubrication

N e e Ry,
h Lubricant

A) Boundary Iubrication B) Mixed Inbrication

Figure 4: Lubrication regimes, Stribeck curve [29].

2.2. Hydrodynamic Lubrication

Hydrodynamic lubrication was first researched by Osborne Reynolds (1886) who
observed that between a shaft and a journal bearing, the lubricant flows through a
converging wedge. The gradual decrease in available flow volume in the gap slows the
flow down and leads to a pressure build-up constituting a lifting ability of the bearing.
Another justification for the development of pressure field is that otherwise there would
be more lubricant entering the wedge than leaving it, something against the principle of
mass conservation.

A better comprehension of the development of load-supporting pressures in
hydrodynamic bearings can be gleaned by considering the physical conditions of
geometry and motion required to develop hydrodynamic pressure.

Figure 5 shows velocity profiles for two parallel plane surfaces separated by a lubricating
film. The plates are wide enough to accurately assume a two-dimensional flow without
lateral (spanwise) components. The upper plate, often called the “rotor”, is moving with
a constant velocity u, and the bottom plate, called the “stator” is stationary.
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Figure 5: Couette flow in parallel surfaces.

The well-known “no slip” condition occurs at both surfaces. This states that the immediate
layer of liquid next to a solid surface moves with the same tangential velocity as the solid
surface itself. Therefore, the velocity varies linearly from zero, at the stator surface, to u, ,
at the rotor surface. This flow pattern, called Couette flow, is a result of the Newtonian
rule of fluids, which states that the shear stress needed to deform a fluid is linearly
proportional to shear strain (the derivative of fluid velocity in the direction perpendicular
to the shear plane). The ratio of stress to strain is then the value of viscosity.

ou
T=po (1)

The continuity theorem determines that the volume of fluid entering the channel per unit
time is equal to that flowing out of it. However, the flow crossing the two boundaries
(inlet, outlet) depends only on the velocity distribution at the boundary, and since velocity
distributions are equal, the flow continuity requirement is satisfied without any pressure
buildup. Therefore, since the ability of a lubricating film to support a load depends on
pressure buildup in the channel, a slider bearing with parallel surfaces is not able to
support any load. As a result, in rigid parallel bearing, application of vertical load would
lead to lubricant being squeezed out, resulting in bearing collapse.

In Figure 6(a), the case of two nonparallel plates is considered. As before, the plate width
is considered large enough so that flow in that direction is negligible. In this case, the
volume of lubricant carried into the channel is greater than the volume that is discharged
at the outlet boundary. Because flow continuity has to be satisfied, it can be concluded
that there will be a relative increase in pressure across the channel. However, because of
the pressure field and the fact that fluid flows from a high pressure region to a lower
pressure area, lubricant will try to escape the area between the two pads, developing an
additional flow pattern, called Poiseuille flow, see Figure 6(b). By superimposing the non-
parallel Couette and Poiseuille flows we get Figure 6(c) which fairly represents the actual
pressure and velocity profiles in a typical fixed-inclined slider bearing.
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Figure 6: Development of flow in hydrodynamic wedge.

2.3. Mathematical Approach
2.3.1. Governing equations

In fluid mechanics, the Navier-Stokes equations are the basic governing equations of
viscous flow and heat dissipation/conduction; they are an extension of the Euler
equations for inviscid flow. Usually, the term “Navier-Stokes equations” refers to the

following set of equations:

= three (3) time-dependent conservation of momentum equations
= one time-dependent continuity equation for conservation of mass, and
= one time-dependent conservation of energy equation

Fluid flow is caused by the action of externally applied forces. Common driving forces
include pressure differences, gravity, shear, rotation and surface tension. Driving forces
can be classified in two categories: surface forces, which are proportional to area, and
body forces, which are proportional to volume. Gravitational, centrifugal, magnetic
and/or electric fields may contribute to the total body forces, while the surface forces are
due to the fluid static pressure as well as to viscous stresses (e.g. the shear force created
by the motion of a rigid wall relative to the fluid).

27



Momentum equations

By applying the Newton’s second law (conservation of momentum) for an arbitrary
portion of the fluid, we get the general vector-form of Navier-Stokes equations:

dpV
W-FV'(,DV@V):—VP-FVT-FS (2)

where:

V: velocity vector

p: fluid density

p: pressure

T: total stress tensor

S: represents body forces (per unit volume) acting on the fluid

The vector field S usually consists only of gravity, which is always present, but which in
many cases may be neglected. In particular, this assumption is valid for hydrodynamic
lubrication problems, therefore fluid motion is the outcome of a shear and a pressure
field arising from the imposed motion.

For incompressible Newtonian fluid flows (Mach numbers much lower than the critical
value of 0.3), the Eq.(2) is simplified to the following:

ov
p(—+ V-"V)=-Vp+Vrt (3)

Eqg.(3) can be split into three scalar equations, one for each spatial direction, with the
velocity vector expanded as V = (u, v, w):

X direction:
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Continuity equation

Regardless of the flow assumptions, a statement of the conservation of mass is also
necessary. For fluid domains, this is achieved through the continuity equation, given in its
most general form as:

dp dp  d(pu)  9d(pv) J(pw)

= = 7
AU T i Pk ki P 7)

Considering that density, p, is constant, as it is true in the case of incompressible flow, the
mass continuity equation can be simplified to a volume continuity equation:

ou (')v (')W

ox Tay Tz ®)

Energy equation

Conservation of energy applied to a differential control volume in a moving fluid under
steady conditions, means that the net rate at which energy enters a control volume, plus
the rate at which heat is added, minus the rate at which work is done by the fluid, is equal
to zero. After manipulation, the result can be rewritten as a thermal energy equation.

3 +Ua—+WaZ

<6T oT GT) <62T 0°T 9°T

92 + 3y + 622> —ud +q 9)

where,
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As: thermal conductivity of the fluid
Cpy: specific heat capacity of the fluid
q = 0: heat generation

@: viscous dissipation

[ R o R RN A VO
0x dy 0z dy 0x dz 0dy dx 0z

The terms on the left-hand side account for the net rate at which thermal energy leaves
the control volume due to bulk fluid motion, while the terms on the right-hand side
account for net inflow of energy due to conduction, viscous dissipation, and heat
generation. Viscous dissipation represents the net rate at which mechanical work is
irreversibly converted to thermal energy due to viscous effects in the fluid. The heat

generation term, g, characterizes conversion from other forms of energy (such as
chemical, electrical, electromagnetic, or nuclear) to thermal energy.

Heat transfer equations

Heat is transported by means of conduction and convection. Heat conduction occurs
mainly in all structural components of the bearing while in the fluid-solid interfaces,
convection also exists due to the intensive flow.

Heat transfer due to conduction obeys Fourier’s law, which, expressed for a three-
dimension field, is:

doT 0T 0T
q" = —A,VGT = -1, (a + @ + E) (11)
where,
q": heat flux
Ag: solid thermal conductivity
Respectively, convectional heat transfer can be calculated by:
q" = a(Twau — Tpuur) (12)

Convection coefficient a (W/m?K) depends on the relation between thicknesses of the
velocity and temperature boundary layers (Prandtl number) and the type of flow (laminar
or turbulent) as described by the Reynolds number.
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v cpu viscous diffusion rate R pUh inertial forces
_—— e ol ~

Pr = ~ , -
A thermal diffusion rate v viscous forces

(13)

State equations

The temperature dependence of liquid viscosity is typically represented by simplified
mathematical or empirical models which are valid over limited temperature ranges and
for selected fluids. The simplest model is based on an exponential equation and it was
first proposed by Reynolds in 1886:

u(T) = po exp(—bT) (14)
where p, b are coefficients.

A more accurate relationship of viscosity to temperature for petroleum based oils and
hydrocarbons is given by the McCoull-Walther equation:

loglog(v + 0.6) = A — Blog(T) (15)

Where v is the kinematic viscosity and both A and B are constants for a given liquid. The
minus sign in the second term on the right side of the equation reveals that higher
temperatures result in lower viscosities. The absolute or dynamic viscosity is then
obtained by multiplying the kinetic viscosity of a fluid with its mass density:

OA—Blog(T)

p=v-p= (101 —0.6)p (16)

Finally, in regards to density, the effect of temperature and pressure for liquids is small,
so the density is considered to be constant for all the hydrodynamic lubrication problems
considered in the present thesis.

p(p, T) = const (17)
Summary of governing equations

Egs.(4)-(6),(8)-(9),(16) comprise a system of six equations with six unknowns
(w,v,w,p, 1, T), which fully describe the problem of hydrodynamic lubrication. Once the
velocity field is solved through the Navier-Stokes equations, other quantities of physical
significance may be derived. The values of flow rate, pressure or drag force are usually of
great interest.

2.3.2. Reynolds approximation

In almost every real problem of fluid flow, the corresponding Navier—Stokes equations
are nonlinear partial differential equations, which are generally very difficult or
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impossible to solve. Even if we consider the simple case of laminar flow of an

incompressible fluid, nonlinearity exists due to convective acceleration, i.e., acceleration

associated with the change in velocity over position.

However in some cases, such as for one-dimensional flow, the equations can be simplified

to linear equations leading to a straight-forward solution. Osborne Reynolds achieved a
closed-form solution to the problem of hydrodynamic lubrication by retaining only the
lowest order terms from the Navier-Stokes equations coupled with the continuity

equation. However he was forced to make several simplifications, the most important of

which are the following:

Laminar and incompressible flow assumption. Usually correct except for large
bearings at high rotational speeds.

Zero pressure gradient through the oil film thickness. This assumption is quite
correct since the film thickness is of the order of magnitude of few micrometers in
most cases. However, this restriction forbids modeling bearings with geometric
features such as those studied in the present work. Phenomena such as oil
stagnation and changes in flow velocity inside a recess create inertial pressure
changes which are neglected using the Reynolds theory.

Infinite width approximation. Flow components in the third dimension are
neglected. This is valid when considering the flow at a mean bearing diameter but it
is hardly correct when modeling the full 3D problem since side leakages cannot be
taken into account. Assuming the same flow characteristics for the whole width
leads to substantial overestimation of load carrying capacity.

Isothermal flow. One of the most significant disadvantages of the Reynolds
equation solution is the assumption of constant temperature in the oil film.In a
real bearing there are temperature variations that have a great influence on the
viscosity of the oil. Due to this effect, the load carrying capacity of the bearing
calculated with the use of Reynolds equation is overestimated.

Calculation without influence of the pad and runner deformations. The bearing
surfaces are assumed to be perfectly flat and rigid without taking into account
deformations of the bearing elements caused by the thermal and pressure fields.
This assumption becomes less valid in large scale bearings.
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Figure 7: Sketch of a typical 3-d slider; depiction of the coordinate system used for calculations.

As mentioned earlier, thrust bearings consist of fixed or tilting sector-shaped pads. The

Reynolds equation in such bearings is usually written in cylindrical coordinates. However,

since film thickness is small compared to the radius of curvature in such bearings, the

Reynolds equation can be written in Cartesian coordinates without significant loss of

accuracy. A typical fluid geometry of a thrust bearing, and the corresponding reference

coordinate system are presented in Figure 7. Therefore, taking into account assumptions

(i)-(v) above, the Navier-Stokes equations may be written as:

X-direction:
( ou N au) _ Op
p ”ax WOZ T Ox

Z-direction:
< ow N 6W> _Op
pL® 0x w 0z 0z

0°u  0%u
TH 0x2 + 0z2

d2%w
tH O0x?

(18)

d2%w
+ 372 (19)

In order to get the above equations into dimensionless form we use the following

characteristic parameters:

= L,: Lengthinx-direction (m)

= L,: Lengthin z-direction (m)

" U Velocity in x-direction (m/s)
"= W, Velocity in z-direction (m/s)
= po: Density (kg/m?)

" 17o: Dynamicviscosity (Ns/m?)
" po: Pressure (Pa)

By using the above characteristic parameters the non-dimensional parameters are

defined:
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xf=—, z'=— u=—  w=——
Lx Lz uO Lz uO
(20)
Po’ Ho' Po

In order to get the same modified Reynolds number in the z-direction as in the x-direction,
the velocity w™ is scaled as above. Substituting the dimensionless numbers into (18) gives:

1, ,0u" 1 , ou 1podp* 1 pg(ugd?u* uyd?u*\u*
—ugu” +—usw” =t — |t (21)
Ly Ox* Ly 0z* Ly po0x* p*  po\L% 0x** L% 0z** ) p*
Rearranging and multiplying by Ly /u3 becomes
ou” ou” 1dp* 1 Ly [/L\?0%u" @%u'|u*
wesswos = RSB sy Few j(cn) S S B (22)
dx* dz* pougy 0x* p*  pouols [\L,/ 0x* a0z*“ | p*
Where the inverted Reynolds number appears:
#OLx
1/Re = (23)
potol
In addition, by defining the reference pressure as follows:
Po = HoloLy /L3 (24)
we get, a non-dimensional form of the Navier-Stokes equation in the x-direction:
ou* ou* 1 dp* 1 1 [/L,\?0%u* 0%uu*
—tw —=— —+ = +—|= 25
u dx* v dz* Re*dx*p* Re* l(Lx) ax**  0z**|p* (25)
In a similar way, the Eq.(18) yields:
v ow” 1 (L\*dp*1 1 [(L,\*d*w* a*w*|u"
U — 4w = — (—Z) P4 (—Z) >+ — £ (26)
dx* ay* Re*\L,/ 0z*p* Re*|\L,/ Ox* dz*“ | p*

From assumption (iii), L, < L, the term (L,/Ly)? can be neglected. Thus, Eq.(25) can be
rewritten as:
ou’* ou* op* 1 9%u*u’

oo T ReW —— T + 377 (27)

Re*u*

Fluid flow in lubricating contacts is generally a creeping flow, therefore inertial
phenomena which are expressed through the terms multiplied with the Reynolds number
in Eg.(27), can be neglected. This yields:

34



* (28)

u=——z>+A4z+B (29)
A, B are constants and Eq.(29) can be solved by applying appropriate boundary
conditions. For the case of a hydrodynamic wedge we have:
u=Uyat z=0 (rotor)
u=0 at z=-h(x) (stator)
Substituting,

a=D 0y
 h 2uox’ -0
therefore velocity can be calculated as:
(z2—zh)dp Uyz
Uu=————

= 30
2 7T + U, (30)

Eq.(30) combined with Eq.(1):

dp hy Uyu
=—(z—=)+— 31
Hrr ( 2) h 31)
The continuity equation for the one-dimensional slider states that:
du oJow
o0 (32)
dx 0z
Integrating Eq.(32) with respect to z we get:
—h(x) ou
wl = —f —dz (33)
0 ox

By substituting (30) to (33), interchanging the differentiation and integrating, we get:
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Ox [2pn 0x ),
d[1dp h? h2 Uy h?
p [( 0 l (34)

Cox 2uox -3 2
0 <h3 6p> Uy, dh

~ ax \12u0x

For steady-state conditions, dh/ dt = 0, the left-hand term (w}, — w,) = dh/ dt is zero,
hence, Eq.(34) yields:

0 dp dh
h3 ) 6ulUy— 35
Ox( dx s 0x 33)
Eq.(35) is the most common form of the Reynolds equation. In smooth, fixed converging
bearings, film thickness is a linearly decreasing function of bearing length. Film thickness
is usually expressed in terms of convergence ratio k which is defined as k = (h; —
hg)/hy- Therefore, h can be calculated as:

h=h(x)=ho+w-x=h0-(1+kL;x) (36)
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Figure 8: Sketch of a 2-d slider; depiction of the coordinate system used for calculations.
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For a given film geometry, the pressure distribution over the bearing length can be
calculated as:

6,uU0L< 1+h0 k+1+ 1 ) (37)
pe) = R ht k+2 " ho(k+2)
The load which can be supported by a certain film geometry is calculated as:
B (L
W = f f pdxdy (38)
0o Jo

Utilizing the Eq.(37) the load per unit width of a bearing of infinite width can be calculated
with the aid of Eq.(39):
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During the operation of a thrust bearing, apart from axial (thrust) forces, friction forces
inevitably arise. These forces resist the rotor motion and have a great impact on the
bearing efficiency factor. The resultant friction force is the integral of viscous shear
stresses over the bearing surface.

F = foLde (40)
0 0

Based on Reynolds theory, the friction per unit width can be easily calculated by the
following equation:

F_Upul( 6  4ln(k+1)
B~ <k +2 (41)

ho k

Combining Egs.(39) and (41) friction coefficient, in bearings of infinite width, can be
calculated by the following equation:

(42)

_ F Reynolds _ khy[3k —2(k+2)In(k+ 1)
w L

w 6k —3(k + 2) In(k + 1)

A noteworthy observation arises from the last equation, where it is clear that the friction
coefficient is independent from operational speed and viscosity. That means that for a
desired value of minimum film thickness, hy, it is possible to optimize performance by
finding the optimum value of the convergence ratio. It can be easily proven that a
minimum value of friction coefficient is attained for a value of convergence ratio equal to
k = 1.55 while load capacity is maximized for k = 1.2. This behavior is depicted in the
diagram of Figure 9.

====== Load Carrying Capacity, W

— Friction Coefficient, f

0 ! 2 3 4 5 f 7 8
Convergence Ratio.k

Figure 9: Friction coefficient and load capacity versus convergence ratio for bearings of infinite width.[30]
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2.4. Design and performance parameters
Geometry

Athrust bearing normally consists of a number of identical pads (N,,) which are assembled
in a circular arrangement (see Figure 10(a)). Between pads there are deep recesses that
ensure the supply of cool oil close to the heated areas. These grooves usually extend
across the entire width of the bearing; fresh oil is normally fed through the entrance at
the inner radius region. Pad width (B) is expressed as the distance between the outer (R,)
and the inner radius (R;) at each pad; together with pad length (L, 44), these are the key
parameters affecting the active area (A) of the pad (Figure 10(b)). The specific (mean)
pressure that develops on that area indicates the operational level and for hydrodynamic
thrust bearings and typically ranges between 0.5 and 3.0 MPa.

(a) (b)

Pad angle, O,
e €y
,;‘ / Id(h, Lj

| Outer Radius R

Figure 10: (a) Typical arrangement of a thrust bearing with six pads, (b) Principal dimensions of a bearing pad.

Pivot location

In tilting or pivoting pad thrust bearings, the pivot location has a significant effect on the
bearing performance. Circumferential position is usually expressed as a percentage of the
pad arc length measured from the leading edge of the pad while its radial position is
determined as percentage of pad width measured from the inner radius. Usually, the
pivot point is located at the pad mid-sector (Rp = R;,, + 0.5B) while it has been proven
[31] that at a radial position, 55-58% of the bearing width (measured from R;) the radial
tilt angle is zeroed. In the longitudinal (circumferential) direction of the pad, pivot location
is usually about 60% of the pad length ( @p;,,+ = 0.60p) beyond the leading edge of the
pad, for optimal performance. However, a location of the pivot of 70-75% of the pad
length beyond the leading edge was found to give the highest possible loads and lowest
bearing metal temperatures [32].
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A centrally located pivot point provides manufacturing simplicity and enables operation
in both directions of rotation, but according to the Reynolds theory (and whenever the
assumption of rigid bodies is made) such bearings have zero load carrying capacity. This
results from the fact that, relative to the center of the pad, an asymmetric pressure profile
would impose a moment about the pivot, tending to align the pad parallel to the runner.
A parallel pad generates no hydrodynamic pressure, thus making the operation of such
an arrangement impossible. However, in real operation, centrally pivoted bearings
operate without problems since thermal and elastic deformations lead to appropriate
wedge film geometries for pressure development. The excessive deformation (crowning)
of a pad can be controlled in different ways such as increasing the pad thickness, using
multi-layered structures or selecting a stronger backing material.

Materials

From a manufacturing standpoint, the last crucial parameters are the bearings materials
and their thickness. The maximum pressure that is developed at the bearing surfaces is
usually less than 5 MPa and is not generally large enough to cause significant bending
moments, compared to the material strength. However, the thermal load due to friction
is significant, and for this reason the selection of materials with appropriate thermal
properties is essential. Typically, temperatures on the surface of the stationary pad, are
higher than those on the rotor surface. This occurs mainly because, at steady-state
operation, stationary pads are constantly exposed the same flow characteristics while, on
the rotating surface, each point faces different conditions at every moment since it
periodically passes over cooling grooves which maintain the whole body at a cooler
temperature.

For better heat conduction, but also because dry contact is always a possibility in
hydrodynamic bearings, a thin layer of Babbitt metal is commonly used on the surface of
each pad. Babbitt metal is a metal matrix composite which is characterized by resistance
to scraping thanks to its self-lubricating properties. In case of contact, the soft Babbitt
layer prevents massive damage to the rotor surface. Furthermore, even in the case of
harsh lubricating conditions and possible damage, the replacement of the pad coating is
an economically preferable solution to fixing a possible damage of the rotor itself.

Recent research in the area of advanced composite materials has attempted to examine
whether polymers can be considered appropriate replacements for the Babbitt metal. It
has been observed that certain polymers (Polytetrafluoroethylene-PTFE,
Polyetheretherketone-PEEK) exhibit lower friction coefficients, wider temperature
operating ranges and higher resistance against lubrication oil contaminants than metals.
In addition, the application of a PTFE layer on the surface of thrust bearing pads proved
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to give a more uniform pressure distribution and lower maximum pressure due to the
lower value of Young’s modulus for PTFE compared to Babbitt [33]. Another important
advantage is the PTFE’s ability to manage the expected convexity of the pad observed due
to thermal stress, at the design stage, by manufacturing, for example, pads with
prefabricated opposite convexity.

Oil Properties

The primary function of lubricating oils is to provide a continuous layer of fluid between
surfaces in relative motion, in order to reduce friction and prevent wear. In addition, they
are used for heat extraction and for preventing oxidation, whereas, with suitable
additives, they can assist in debris removal preventing their own contamination. In
lubrication, viscosity is the fluid property which has the most crucial role. Different oils
exhibit different viscosities and the thickness of the generated lubricating film is
proportional to that viscosity. A lubricant with high viscosity can provide thicker films
ensuring increased safety against contact. However, this does not mean that the oil with
the higher viscosity is the most appropriate for all applications. More viscous oils require
higher energy levels in order to be sheared (to flow) while the generated heat due to
friction is similarly high, resulting in a substantial increase in temperature. In addition, at
high speeds, lubricants with very high viscosity cannot manage to penetrate into the
hydrodynamic wedge leading to impaired lubrication with all that this entails. Therefore,
as in any engineering application, the viscosity of the lubricant must be properly selected
so as to provide optimal performance for the anticipated operating parameters.

Feeding oil supply rate

Total oil feed to the bearing should satisfy three requirements. There must be sufficient
flow into the hydrodynamic wedge to fully separate the surfaces, to match the side
leakages from each sector and to maintain temperatures at the desired levels during
operation. If an excess of lubricant is supplied, significant amounts of churning losses
develop due to unnecessary oil streams. Different designs have introduced direct
injection of cold and clean oil at the entrance of the channel instead of the typical flooded
lubrication. In that way, oil enters and exits its operating region without further mixing
with other circulation streams and backflows. However, their effectiveness is limited in
low-speed applications.

Rotating Speed

Fluid velocity affects flow properties in a number of ways. At low enough velocities, the
inertia of the fluid may be ignored and we have creeping flow. As the speed is increased,
inertia becomes more important, but each fluid particle follows a smooth trajectory; the
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flow is then said to be laminar. Further increases in speed may lead to instability that
eventually produces a more random type of flow called turbulent flow which, in general,
is not desirable. Turbulent flow may be observed in the groove region of the bearing,
however it has been proven experimentally that flow in the groove region can be
considered laminar for Re<1000 [34].

2.5. Hydrophobicity

Recently, certain surfaces have been studied, which exhibit an incredibly low friction
coefficient with liquids flowing over them, and as such prove very difficult to wet. A typical
example in nature can be found in the leaves of a lotus plant, on which droplets of water
move without leaving any trace. Such surfaces are called hydrophobic. Today, it is
possible, to artificially create hydrophobic surfaces in a laboratory, and various industrial
applications have been proposed (e.g. ship hull coatings). The key is creating a very
smooth-but with the appropriate nano-roughness-surface such that air molecules
become trapped in the microscopic grooves between the surface and the fluid, drastically
decreasing shear stresses in the fluid-solid interface.

The hydrophobicity of a material can be characterized by the geometry of a drop of liquid
on its surface. The three-phase boundary of the droplet is where solid, liquid and air meet
and can be visualized using Figure 11. The angle formed by the droplet and surface at this
point is known as the contact angle, and is used to categorize the surface as hydrophilic,
hydrophobic and super-hydrophobic. If the droplet forms a sphere that barely touches
the surface with the contact angle ‘6.” being more than 90 degrees then the surface is
water-repelling or hydrophobic, whereas contact angle values larger than 150°
correspond to super-hydrophobic surface characteristics.

Figure 11: Contact angle formed by a liquid droplet on a solid surface. [35]

Most recent research on hydrophobicity has shown that the phenomenon is mainly a
matter of surface chemistry, determined by the properties of the materials used. As
already mentioned, aside from naturally occurring hydrophobic surfaces, manufactured
surfaces can also be created. Various processes are used for this such as machining the
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surface to create micro or nano-scale geometric patterns which are then filled with
hydrophobic compounds, dispersing micrometric particles in a gel or resin which is then
applied to the surface, depositing nano-fibres on the surface, or chemically attacking
surfaces with appropriate acids.

For hydrophobic surfaces, the basic assumption of fluid mechanics, known as the no-slip
condition, is no longer universally valid. Here, the velocity of the moving surface and the
fluid velocity at the boundary differ, and various mathematical models have been
developed to express this case. In the present study, the modified Navier model, which
was introduced in [36], is utilized. This model relates the velocity at which the liquid slips
to the shear stress at the liquid-solid interface. Thus, it states that if local shear stress
exceeds a threshold value, the slip condition occurs and the velocity is calculated as
follows:

0, T < To

Ug = (43)

b
(t— Tcr) 'E:T 2 Ter

Slip length, b, is a property of a surface, indicating how slippery the surface is when
interacting with a particular fluid. It is defined as the frictious distance under the surface
of the fixed boundary where the velocity extrapolates to zero, assuming linear reduction
at the same rate as that on the surface of the boundary (Figure 12). Non dimensional slip
length, b*, can be defined in terms of a characteristic film thickness of the bearing and
can be calculated using Eq.(44)

b =Db""Hye (44)
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Figure 12: Velocity profile near the fluid-solid interface. (a) no-slip conditions, (b) slip conditions with slip length b.
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3. Numerical modelling
3.1. Computational fluid dynamics

As demonstrated in Chapter 2 of the present work, the governing equations in fluid
mechanics are solvable for only a limited number of flows. The known solutions are very
useful in helping to understand fluid flows but can rarely be used in engineering analysis
or design. The engineer is forced to use different approaches, with the most common
being the simplification of the equations used. This is based on a combination of
approximations and dimensional analysis which lead to non-dimensional representative
parameters such as the Reynolds number, the Froude number etc. Having reduced the
number of independent parameters (in some cases down to one), the researcher is able
to perform experiments even on scale models, under the condition of geometric
similarity. However, many flows require several dimensionless parameters for their
description, and it may be impossible to set up a scaled experiment. A common example
is the flow around a ship versus the flow around its scaled model. Matching both Reynolds
and Froude numbers of the prototype and model is most often impossible.

Even if a good match can be made between the original and simulated phenomena,
experiments may be too expensive and time consuming in order to make detailed studies
while the measured data is generally limited to a few measuring locations. That means
that essential information like whether flow separation occurs or whether a temperature
exceeds some limit is not easily obtained. As technological improvement requires more
careful and optimized designs, and high-tech applications demand detailed prediction of
flows, experimental development will be even more impracticable in the future.

The rapid growth of computing power in the last half century has resulted in the rise of a
new research field, known as Computational Fluid Dynamics. CFD constitutes a new
approach between theory and experiment, in the study of the fluid dynamics discipline.
With the aid of applied mathematics, computers may approximate the solution of partial
differential equations using numerical methods. To obtain a solution numerically, a
discretization method should be used so that the differential equations are approximated
by a system of algebraic equations which are adequately simple to be solved by a
computer. The approximations are applied to small domains in space and/or time so the
numerical solution provides results at discrete locations in space and time.

As already stated, numerical results provided by CFD methods are only approximations of
complex physical phenomena. Differences between computed and experimental results
do always exist, and are caused by errors of the numerical process, which can be classified
into the following categories:
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= Errors due to approximations or idealizations in modeling the problem. Typical
examples are found in the modeling of complex phenomena such as turbulence,
combustion and multiphase flows. Regarding the present work the Navier-Stokes
equations for incompressible, Newtonian fluids can be solved accurately. However,
other simplifications related to thermal effects and elastic deformations have been
taken into account and they will be mentioned hereafter.

= Discretization errors. They can be reduced by increasing the number of elements, by
using more accurate (higher-order) interpolation schemes, or by applying the
approximations to smaller regions. Both lead to more time-consuming solutions so
that a compromise is usually needed (refer to Section 3.4).

= Errors due to insufficient iterations. In solving the discretized equations, iterative
methods are usually used. If convergence is not reached, the attained solution is not
accurate. Usually, the number of iterations is adjusted so that some representative
operating parameters of the problem (e.g. max/average temperature, max/average
pressure etc.) reach certain steady values.

3.2. Model definition

The simplest level of modeling a hydrodynamic lubrication problem is modeling
isothermal flow across a two dimensional channel with appropriate boundary conditions
(stator modeled as stationary wall and rotor modeled as moving wall with constant
velocity). This modeling procedure is called Hydrodynamic (HD) and can be extended to
3-D HD if the channel (finite) width is also taken account. More realistic models are
capable of taking into account thermal effects (heat dissipation and transfer) and fluids
whose viscosity is temperature dependent. The corresponding simulations are called
Thermohydrodynamic (THD) simulations, and depending on the flow domain they can be
two-dimensional (2D-THD) or three dimensional (3D-THD). Even more sophisticated
codes are capable of including thermal distortion and elastic deformation of the
interacting bodies. The corresponding simulations are called Thermoelastohydrodynamic
(TEHD) simulations, and the results of such models can approach reality with great
accuracy. However, the computational cost of such complex models is prohibitively high
for early-stage research effects such as feasibility studies, optimization processes, etc.

In the present study, three-dimensional thermohydrodynamic (THD) analyses of tilting
pad thrust bearings are presented, assuming that the bearings pad and collar are rigid,
non-deformable bodies. To this end, the system of equations presented in Section 2.3 are
solved with the CFD code ANSYS CFX.
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Heat phenomena taken into account are:

v’ Rise in temperature caused by viscous flow
Heat transfer between oil and solids (pad and collar)
Heat exchange with the environment

<N X

Mixing oil effect at grooves
Geometry

For the purposes of the present study a three-dimensional parametric CAD model of a
pivoted thrust bearing has been generated utilizing the Autodesk Inventor software. The
model includes the fluid domain as well as the solid bodies of the pad and the rotor.
Between the solid parts no structural link exists, so therefore the load is externally applied
to the rotor is transferred to the supporting pad through a film lubricating oil.

The thrust bearing is assumed to operate without misalignment, while the runner sliding
surface is parallel to the bearing plane. Those assumptions enable modeling of a single
pad, thus substantially reducing the computational cost. At the same time, only the part
of the rotor which is over the pad at any given moment has been included in the model.
The basic geometric parameters of the model correspond to those studied by Glavatskih
et al. [39] and are presented in Table 1:

Basic Geometry
Number of pads, N, 6
Outer diameter, D,, 228.6 mm
Inner diameter, D; 114.3 mm
Pad angle, ©p 50 degrees
Pivot circumferential position, @p;,0¢ 60% relative to leading edge
Pivot radius, Rpyot 50% relative to inner radius (85.725mm)
Pad thickness, tpqq 28.58 mm
Collar thickness, t o11ar 51 mm

Table 1: Basic geometric characteristics of the tilting pad bearing of the present study.

Oil and Solid Properties

In addition to the geometric characteristics, the thermo-physical properties of the
lubricating oil and the solids are equally important for accurate simulations. These
properties are presented in Table 2, and are kept the same for all the simulations carried
out in the present study.
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Lubricant - VG 46

Viscosity law McCoull and Walther
Dynamic viscosity at 40°C, L4 0.037 Pa.s
Dynamic viscosity at 100°C, p190 0.056 Pa.s
Density, p 855 kg/m?3
Thermal conductivity, A¢ 0.13 W/m.K
Heat capacity, ¢, r 2035 J/(kg.K)
Feeding oil temperature, Tfeqq 50°C
Feeding oil flow rate, Qfecq 0.00025 m3/s
Solids
Thermal conductivity, A 47 W/(m.K)
Heat capacity, ¢y 434 )/(kg.K)

Table 2: Thermophysical properties of the lubricating oil and of the bearing solid bodies (rotor and stator).
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Figure 13: Temperature dependence of VG46 viscosity, based on the McCoull and Walther model.

Boundary Conditions

Boundary conditions define the flow conditions at the boundaries of the domain, either
with a solid or fluid. The solid bodies of the pad and the rotor both consist of 6 facets. The
facets in contact with fluid are set as walls, meaning that those limits are impermeable by
fluid particles, allowing nonetheless heat exchange in the fluid-solid interface.
Furthermore, for non-hydrophobic surfaces, the well-known no-slip condition is
employed, which equalizes fluid and solid velocities in the fluid-solid interface. For
hydrophobic boundaries, fluid velocities can be calculated using Eqg.(43) of Section 2.5.
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The surface heat transfer coefficients of solid surfaces at the boundaries of the
computational domain are dependent upon the overall design of a bearing, including the
size and depth of cavities behind the pads, operating conditions, housing temperatures
etc. Therefore, it is possible only to roughly estimate surface heat transfer coefficients
from simpler models.

Here, different heat transfer coefficients were assumed according to the specific location
of each surface. In particular, heat transfer at the outer surfaces of the pad is higher
compared to that at rotor outer surfaces because it is located in the bearing housing
where oil ensures higher heat convection. The assumed convection coefficient values had
been kept constant, for different rotor rotational speeds. Although rotor speed affects
the convection coefficient at the rotor-air interface, its influence on the overall bearing
performance is not substantial and can be neglected. In the fluid-pad and fluid-rotor
interfaces, continuity of temperature and heat flux is implemented.

For the reasons discussed in Section 2.4, the pad surface is usually plated with a thin layer
of Babbitt metal which has slightly different thermal properties (heat capacity) than the
pad material. Here, for simplicity, a homogenous pad is assumed; its equivalent calculated
using the following formula:

Apaatpad + Ababbicttoabbitt

Ag = (45)
thack T+ toabbitt

where,

Apack: thermal conductivity of pad

Apappite: thermal conductivity of Babbitt layer
thabpite: thickness of Babbitt layer

tpack: backup plate thickness

At the collar inner surface, an adiabatic condition is assumed, whereas rotational
periodicity is set at the collar side surfaces.
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Figure 14: Sector pad bearing: name convention of rotor, pad and film boundary surfaces

Collar — Rotating about Global-Z axis

Collar- Top

Qeony = 25 W/m2.K, Tymp = 20°C

Collar- Bottom

Fluid-Solid interface: Heat Flux, Temperature Continuity

Collar- Outer surface

Qeony = 25 W/m2.K, Tymp = 20°C

Collar- Inner surface

Adiabatic

Collar-Sides Periodic Conditions
Pad - Stationary Domain
Pad - Top Fluid-Solid interface: Heat Flux, Temperature Continuity
Pad - Bottom

Aeonpy = 100 W/m2. K, T = Treea

Pad - Outer surface

Aeonpy = 100 W/m2. K, T = Treea

Pad - Inner surface

Geony = 100 W/m?.K, T = Troeq

Pad - Inlet Side

Adiabatic

Pad - Outlet Side

Adiabatic

Fluid Domain

Film - Inlet

Opening: zero relative pressure w _ or _
P g P "an*  on*

Film — Inner side

Opening: zero relative pressure v _ or _
P g P Tan*  on*

Film — Outer side

. av _ aT
Outlet: zero relative pressure, — = =

"on*  on*

Film — Outlet

. av  aT
Outlet: zero relative pressure = =

’on*  on*

*where n is the vector normal to the surface

Table 3: Thermal and flow boundary conditions for the tilting pad of the present study.
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For the fluid domain, an opening type condition with zero relative pressure was set for
the inlet boundary. This means that backflow is permitted and it is likely to occur because
of the pressure field inside the channel (Poiseuille flow, Section 2.2). The assumption of
zero pressure at the leading edge may be not strictly valid in the case of groove existence
[2-3]. As oil is entrained into the channel, part of it is stagnated at the pad side resulting
in a positive pressure at the leading edge. However, the phenomenon was ignored for
simplicity since it has negligible impact on load carrying capacity, as an effect of
hydrostatic action, according to [37]. The same, opening type, condition was used for the
inner radius surface while the rest of sides (trailing edge, outer radius surface) are taken
as outlets. Furthermore, at all edges, the pressure is normally set to zero. The film
temperature at the leading edge of the pad is determined taking into account the hot oil
carry over effect which is explained hereinafter.

Hot Oil Carry Over Effect

Heat balance in the groove region is not readily determined. Heat generated in the
lubricant by viscous shearing is partly released to the surrounding structure, while the
main part is taken away with the flow and, ideally, is to be discharged to a drain/cooling
container. That amount of hot oil is replaced by feeding oil of low temperature. However,
the bearing pads are arranged in such way that the outlet of the preceding pad is located
close to the inlet of the following one and at the same time, the space occupied by the
grooves is as small as possible in order to maximize the active bearing surface. Due to
these reasons, a quantity of warm lubricant which exits from the preceding pad enters
the inlet of the following, one so that the hot lubricant replacement is never perfect. In
practice, this effect increases oil inlet temperature in comparison to the cold feeding oil
temperature.

In contrast to using an empirical method such as the one suggested by Ettles in [38], in
this study, the mixing phenomenon is approximated in a more deterministic manner,
based on the methodology presented in [39]. Thus, to acquire an estimation of the input
temperature, we consider the conservation of mass in the channel and the conservation
of energy at the grooves. Based on Figure 15, these yield:
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Figure 15: Mass oil flows in the channel and within groove domain.

e Conservation of mass in the channel:

Qin = Qor * Qex t Qir (46)
e Conservation of feeding oil:
Qfeea = Qar + Qor (47)
e Conservation of energy within a groove:
QrecaTreea T+ QurTir + QexTex + Hrotor = (Qar + Qin) Tin + Hgroove (48)
where mass flow rate and temperature symbols are defined in Figure 15.

This approach assumes that, at the groove region, the collar conducts the same amount
of heat as the bearing housing absorbs at the same time. In this way the modeling of
complex energy paths which have minor impact on the performance of the bearing, is
avoided.

Hrotor = ngoove
(49)

Solving Eq.(48) with respect to T}, we get:

50



_ Qfeedeeed + QexTex + QirTir

T. = (50)
' er + Qin
Replacing the Eqs.(46),(47) to Eq.(50), yields:
T. — Qfeedeeed + QexTex + QirTir _ Qfeedeeed + QexTex + QirTir (51)
" (Qfeed - Qor) + (Qir + Qor + Qex) Qfeed + Qir + Qex

As can be seen from the above equation, the prerequisite for finding T}, is the calculation
of quantities Qey, Tex, Qir Tir) Qor, fOr given Qfeeq, Treeq- However, these quantities
depend on multiple factors (such as film geometry, specific load, shaft speed) and their
calculation would not been possible without the use of CFD methods.

A representative indicator of the mixing phenomenon is the quantity a in the following
equation, which is called hot oil carry over coefficient, and typically ranges around 0.7:

Ty =a- Tfeed + (1 —a) Ty (52)

Since both T,, and T;, temperatures are affected by T}, the calculation of leading edge
temperature is an iterative process. Initially, the assumption T;;, = Tfeq is made. In order
to minimize the independent variables of the problem, the feeding oil temperature was
set at 50°C and the feeding oil flow rate was set at 0.00025 m3/s, while they were
retained constants for all cases examined.

Bearing Equilibrium

The geometry of the lubricant film varies depending on operating conditions.
Mathematically, it is described as a function of the two tilt angles about the pivot point;
particular of pitch angle in the circumferential direction, and roll angle in the radial
direction respectively, as well as of the film thickness at the pivot point. Considering a
local coordinate system at the pivot point, the film thickness at any point is expressed as
follows:

H(xp; yp) = Hpivot + tan(gpitch) ’ xp + tan(groll) ’ yp (53)

For any film geometry defined as above, the pressure distribution is integrated over the
pad area to give the resulting force and the moments in two perpendicular directions
about the pivot point. For the calculation, a Half-Sommerfeld type of boundary condition
is implemented which ignores any negative pressures. With the input variable being the
applied load on the bearing (W¢q), the following equations are solved to obtain the film

geometry which represents the physical balance of the bearing at a steady state. In the
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moment equations only the resultant force due to film pressure is considered as the
moment due to friction has a minor impact and can be ignored.

L B
W — VVreq = f f Pusdxdy — VVreq =0 (54)
0o Jo
L B
M,, = f f pusxdxdy = 0 (55)
0o Jo
L B
M, = f f Pusydxdy =0 (56)
0o Jo

where pys is the pressure after application of the Half-Sommerfeld boundary condition,

defined as:
_ {p if p=0
Pus =10 if p<0

3.3. The Newton-Raphson method

The above system of equations is solved using the Newton-Raphson method, which is
implemented through a scripting tool coupled with ANSYS software. With this technique
it is possible to adjust the film geometry in terms of hyiyot, Opitcns Oron, until the residuals
Egs. (54), (55) and (56) are below some threshold.

The Newton-Raphson method is the simplest multidimensional root-finding technique,
while it is also extremely powerful, as it can be applied, theoretically, to any N-
dimensional system. At the same time, it displays rapid convergence provided, however,
that a sufficiently good initial guess is made. Starting with an initial guess which is
reasonably close to the true root, the main idea of this method is that a function is
approximated locally by its tangent line. The intercept of the tangent line with the x-axis
will typically be a better approximation to the function's root than the original guess, and
then, the method can be iterated.

Applying the method to a system of three functional relations to be zeroed, which involve
respectively three independent variables, is as follows:

Fl(xllXZI x3) =0 (57)

Fz(xl,xz,X3) == 0 (58)
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F3(xq,%5,x3) =0 (59)

We now let x denote the entire vector of values x; and F denote the entire vector of
functions F;. Newton's method also requires calculation of the functions derivatives. If
analytical expressions for the derivatives are not available, it is necessary to approximate
the true local derivatives as follows:

F(x + dx) — F(x)

dx (60)

F'(x) =

In the neighborhood of x, each of the functions F; can be expanded in Taylor series:

3
oF,
Fi(x + 6%) = Fi(x) + Za—x‘_ij L06x?) i=(123) j=(123)  (61)
j=1 7

The matrix of partial derivatives appearing in Eq.(61) is the Jacobian matrix J:

[0F, O0F, O0F;]
dx; 0x, 0x3
JdF, O0F, OF,
/= dx, 0x, O0x3 (62)
0F; 0F; O0F;
[0x; OJx, 0Ox3l

The determinant of matrix J is calculated as follows:

det] =

J0F, (0F, 0F; O0F; OF, 0F, (0F, 0F; 0F; O0F,
<(’)x2 ' 0x3 B dx, ' ax3> B dx, (axl . 0x3 B 0x4 . ax3>
J0F, (0OF, 0F; O0F; OF,
<6x1 Ox, 0x; axz)

0x, (63)

0x;

By neglecting terms of order §x2and higher and by setting F;(x + 6x) = 0, we obtain a
set of linear equations for the corrections dx that move each function closer to zero
simultaneously, namely

J-6x=—F (64)
The corrections are then added to the solution vector:
Xnew = Xo1a T ox (65)

Which, in expanded form, reads:
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X1,new = X1,0ld

0F, 0F; O0F, OF
_<( 2.2 2. 3>'F1(x1,old)

0x, 6x3_6x3 0x,

((’)Fl ) 6F3 _ aFg ] 6F1) F (x ) (66)
dx; 0x, Oxz 0x,) 2\ iold
an aFZ aFl an
. _ ) F p
(axz 0x; 0Oxs axz) 3(x1,old) /det]
X2,new = X2,01d
- ((6963 0x, B 0x; ax1> Fl(xZ,old)
<6F1 .6F3 _ 6F1 ) an) F (x ) (67)
axl ax3 ax3 axl 2 2,0ld
aFl aFZ an 6F1
(0x3 0x1 - 0x5 ax1) F3(x2.old) /det]
X3 new = X3,0ld
aFZ aF3 aFZ 6F3
- <(6x1 0x; B 0x, ax1> F1(x3,old)
(68)

J0F, 0F; O0F; 0F;
(axz . d0xy B dx, ' dx,
JF, 0F, O0F, OF,
((’)xl . dx, B dx, ' 0x,

) *Fy(%3,010)
) K3 (x3,old)> /det]

In general, the convergence is quadratic: as the method converges, the difference
between the solution and the approximation is squared (the number of accurate digits
roughly doubles) at each step. In Table 4, a typical example of the successive estimations
of the equilibrium finding process using the Newton-Raphson method is presented, and
it verifies the above statement. Normally, the process is terminated after three or four
iterations, achieving a convergence of under 0.1 Nm of moment and under 15 N of
applied load.

However, as we have already mentioned, the initial guess is of great importance. In Table
5, where, for the same case as above, the initial guess is different and at a greater distance
from the known solution, the method fails to converge. This is due to fact that film
thickness at the pivot location, Hpivot, is assigned a negative value in the 3™ iteration which
has no physical meaning. In addition, the pitch angle, 8pitch, which regulates the wedge’s
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convergence in the circumferential direction also takes a negative value leading to a
divergent film geometry.

Independent parameters Dependent parameters
Iter. Hpivot epitch Gmu W'Wreq Mx,p My,p
(um) (udeg) (udeg) (N) (Nm) (Nm)

Guess 30 27.04% | 20870.2 | 67.09% | 8285.8 | 80.12% | 914.532 | 2.60963 | 8.62404
Ist | 23.2815 | -1.41% | 11388.5 | -8.82% | 4033.6 12.32‘%; 539.607 | -0.79714 | -2.60607
2nd | 23.7207 | o0.45% | 12407.3 | -0.66% | 4491.9 | -2.36% | 184.696 | -0.23008 | -0.57628
3rd | 23.6379 | 0.10% | 12505.9 | 0.13% | 4586.0 | -031% | 12.327 | -0.04137 | -0.02913
4th | 23.6153 | 0.00% | 12488.9 | -0.01% | 4599.5 | -0.02% 1.071 | -0.00154 | -0.00438
5th | 23.6150 | 0.00% | 12489.7 | 0.00% | 4600.2 | 0.00% 0.114 | -0.00010 | -0.00086
6th | 23.6151 | 0.00% | 12490.1 | 0.00% | 4600.3 | 0.00% 0.031 | -0.00005 | -0.00012

Table 4 Implementation of the Newton-Raphson method in tilting pad thrust bearing.

Given Wieq
Hpivot' epitch' eroll

I

Input: Update of CAD
Hpivot' epitchr eroIl gre]ZnIC/leet;K

t v
CFD

Solution
using ANSYS CFX

v

Post — processing:
Newton-Raphson: Calculation of
New estimations of W—Weq
Hpivot; epitchr eroll Mx
My

Has Equilibrium
been reached?
[W — Wieq| < €
M| <&
IM)'I <€

Bearing Equilibrium
reached for

Hpivot' epitch' erolI

Figure 16: Iterative process of approaching the equilibrium position of a tilting pad thrust bearing.

55



Independent parameters Dependent parameters

Iter. Hpivot Qpitch Orou W-Wreq Mx.l) My.l’

(um) (udeg) (udeg) (N) (Nm) | (Nm)
Guess 32 35.506% | 22196.52 | 77.713% | 11663.95 | 153.548% | 914.52 | 2.609 | 8.624
Ist | 501332 aa.75% | 7202.58 | .42333% | 672.46 | _85.382% 23960 | 4797 | 2.606
2nd | 31897 | 1p1ow | 432877 | essam | -3627 | w07 | 0% | 0.230 | 0.576
3rd -11.1475 | -1475% | -3063.70 124.529%: 3274.25 | -28.825% Fail to adjust geometry

Table 5: Unsuccessful implementation of Newton-Raphson method due to poor selection of an initial guess.

3.4.

Spatial discretization - Mesh Study

The system of equations presented in Section 2.3 is solved on a finite volume grid. Its basic

purpose is the discretization of a continuous physical domain, such as the lubricant

domain of a bearing system, into a finite number of elements for which the solution of

complex equations is attainable. However, grid (mesh) quality in terms of density (number

of elements) as well as shape is of high importance. Finer grids lead to more realistic

solutions and faster convergence, as they may increase solver’s (software) performance.

In this study, a hexahedral mesh was used for all domains (pad, rotor, film) which follows

the pad curvature along its length. The density is increased close to the rigid surfaces in

order to approximate the thermal boundary layers with sufficient accuracy. A typical

mesh of a thrust-bearing is presented in Figure 17.

Fluid domain

30 layers in
the crossflow
direction

Detail

Figure 17: Typical mesh of the tilting-pad thrust bearing of the present study.
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For determining the accuracy provided by certain grid densities, a mesh study was
performed. The number of element layers along the film thickness and the number of
cells (divisions) per linear meter were elected as the most representative mesh
parameters. Spatial resolution tests were performed by generating meshes with numbers
of finite volumes both lower and substantially higher than the typical meshes finally used.
The design case of 1500 RPM rotational speed and 2.0 MPa specific load was solved
multiple times with the above-mentioned parameters varying. The film geometry with a
thickness ranging around 30 micrometers was kept fixed for all runs. It proved that the
most sensitive physical property to grid changes was the total load W that develops on
pad surface.

16% - 7200
g 14% Number of.layers 400
£ across film
& 12% 1§ —14 | 7600 _
& ——19 Z
%.’glo% —=—22 - 7800;
[=14]
o ——30 =
5 § 8% 36 - 8000 S
5 = 6% 8200 &
f
2 o
® 4% 8400§
=
8 2% 8600
0% 8800

600 1200 1800 2400 3000
Elements per meter

Figure 18: Mesh study analysis.

The results are presented in Figure 18. The relative differences in all the flow integral
quantities (load carrying capacity, friction force) between typical and very fine meshes
were in all cases lower than 0.5%. As can be seen, the dominant parameter for grid quality
is the number of elements in the circumferential direction. However, for values higher
than 2000 elements/meter, the effect of this parameter becomes negligible. As a result,
though it is of secondary importance, the number of elements across the film thickness
determines the final precision of the model. Given the above results, it was considered
appropriate to use a grid with 2400 elements per meter and 30 elements across film
thickness. Even though it was too dense for the standard geometry it would be also able
to provide sufficient accuracy for the more geometrically complex models, presented in
Chapter 4. Typical meshes consisted of approximately 1.4x10° finite volumes.
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3.5. Model Validation

The validation of the model used in the present study was performed by comparing the

results of respective cases with those in published literature. The THD problem of tilting

thrust bearings has been solved for plain pads by Glavatskih & Fillon [9] using Reynolds’

theory. Since the surface of a plain tilting pad bearing is smooth and Reynolds numbers

are small, the results of the present CFD model should be equivalent to those obtained

by solution of the Reynolds’ equation.

Data for three different loading cases have been compared®. This is enough to provide

acceptable certainty for the validation. Through the results, it becomes apparent that the

present simulation is sufficiently accurate since it provides results for important

parameters with deviation below 2%, in comparison to results by from Glavatskih & Fillon.

Reynolds Equation
Parameters CFD - Present Study .
Glavatskih et al, 2007
Shaft speed, N (RPM) 1500 1500 1500 1500 1500 1500
Specific load, P (MPa) 1.0 1.5 2.0 1.0 1.5 2.0
Film thick. at pivot, Hpivot(um) 48.68 34.02 23.58 46.11 33.04 24.67
Pitch angle, 0,;:c, (Udeg) 30930 | 20882 | 12436 27400 | 19304 | 13668
Roll angle, 6,..;; (udeg) 9995 6753 4586 9134 6421 4763
Min. film thickness, Hy,;,, (Um) 31.35| 2232 | 16.77 30.87 | 2230 | 17.14
Max. oil pressure, ppqax (MPa) 2.40 3.62 4.88 241 3.64 4.85
Hot oil carry over coeff., a 0.75 0.75 0.75 0.75 0.75 0.75
Max. oil temperature, Ty, 4 (°C) 73.57 | 81.43| 88.42 74.66 | 81.61| 88.06
Avg. Film/Rotor Temp., Tf - (°C) 63.04 | 69.67 | 77.22 63.05| 69.68 | 77.22
Avg. Film Inlet Temp., T}, (°C) 54.64 | 56.71 | 59.02 58.51| 6197 | 65.80
Max. Film/Pad Temp., T¢;, (°C) 73.15| 81.16 | 88.27 7425 | 81.31| 87.85
Max. Pad Temp., Tppqq (°C) 73.04 | 81.07 | 88.22 73.89 | 80.95| 87.54

Table 6: List of operating parameters to compare between CFD solution (present study) and Reynolds’ equation
solution (Glavatskih et al, 2007).

To approximate the validation data presented in Table 6, the studied model had to be

slightly modified in order to be consistent with that studied in [25]. In particular, the

following changes were made:

= The rotor was ignored in the model and a constant temperature of 62°C at the

film-rotor interface was imposed.

= A hot oil carry over coefficient « = 0.75 was imposed.

! Data were provided by Prof. M. Fillon from the University of Poitiers. The authors gratefully
acknowledge helpful discussions with Prof.Fillon.
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= The ambient temperature was taken as T,,;, = 54.5°C instead of 20 °C.
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Figure 19: Present CFD model: Validation against published literature results (a) minimum film thickness and
maximum oil pressure versus specific thrust load, and (b) maximum fluid temperature and maximum pad
temperature versus specific thrust load.

3.6. Results of the basic model

The main advantage of tilting thrust bearings is their ability to support external axial loads
over a wide operating range. Therefore, in the present study, a comparison has been
performed considering four representative values of specific load, from 0.5 to 2.0 MPa,
and two values of rotational speed, 1500 RPM and 3000 RPM. In Table 7, various
operating characteristics are presented in detail for the eight different cases under
consideration. Here, the model presented in detail in Section 3.2 is used. The
corresponding to rotational speed of 1500 RPM and specific load of 2.0 MPa, which yields
a total pad load of W = 8565N (873kg), will be used later as the reference condition.
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Shaft speed, N 1500 RPM 3000 RPM

P (MPa) 0.50 1.00 1.50 2.00 0.50 1.00 1.50 2.00

Hyipot (UM) 61.71 | 43.30 | 34.85 | 29.71 | 74.94 | 52.05 | 41.94 35.99

Opitcn (Mdeg) | 34.313 | 26.442 | 22.690 | 20.361 | 40.728 | 30.832 | 26.360 | 23.752

0,01 (Mmdeg) | 12.586 | 8.612 | 6.748 | 5.675 | 14.990 | 10.147 | 8.035 | 6.799

Hpin (um) 42.97 | 28.52 | 21.92 | 17.97 | 52.67 | 34.85 | 27.00 22.36

Pmax (MPa) 1.19 2.37 3.55 4.73 1.18 2.37 3.55 4.72

Tonax (°C) 634 | 694 | 743 | 787 | 744 | 826 | 884 | 931

Tr (Nm) 1.68 2.13 241 2.60 2.18 2.72 3.06 3.31

f 0.0091 | 0.0058 | 0.0044 | 0.0035 | 0.0118 | 0.0074 | 0.0056 | 0.0045

Pr (W) 263.52 | 334.82 | 378.67 | 409.15 | 683.52 | 855.77 | 962.87 | 1038.58

Hyoror W) | 7.96 | 865 | 929 | 9.88 | 9.27 | 10.06 | 10.71 | 11.29

Hgaror (W) | 623 | 877 | 10.89 | 12.81 | 12.68 | 16.40 | 19.00 | 21.07

Hupsorbed | 5.38% | 5.20% | 5.33% | 5.55% | 3.21% | 3.09% | 3.09% | 3.12%

Table 7: Reference tilting-pad bearing design: Performance indices for different operating conditions of the bearing.

In bearings, minimum film thickness is known to be directly related to bearing load: an
increase in bearing load results in decreased bearing film thicknesses, and vice versa. This
relationship is confirmed by the results of Table 7, which are shown in Figure 20(a). In the
same figure, the effect of rotor speed on bearing performance is also apparent: higher
rotational speeds lead to the formation of thicker lubricating oil films for the same
imposed load. The latter is another effect predicted by the theory of hydrodynamic
lubrication, as shown in Eq.(39).

Furthermore, shear stress is known to be directly related to velocity as well as to pressure
gradient in the streamwise direction, see Eq.(31). Consequently, friction forces and
therefore friction torque and friction losses are proportional to load and shaft speed. At
the same time, considering the energy equation, the resulting temperature values are, as
expected, dependent on the bearing operating conditions: Figure 20(b) and Figure 21(a)
confirm the above correlations. From Figure 17(b) it also apparent that over 94.5% of the
internal heat generation due to friction is removed by the oil itself, as only small
percentage of heat is transferred to the environment through the rotor and stator. This
result is consistent with that showed by Dadouche et al. in [6].
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Figure 20: (a) Minimum film thickness, Hmin, and (b) Friction torque, T, versus specific bearing load for two different
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Figure 21: (a) Maximum oil temperature, Tmax, and (b) Thermal power transferred to the pad and rotor (as
percentage of friction power) versus specific bearing load, for two different values of rotational speed.

Figure 22: Specific bearing load 2.0 MPa, rotational speed 1500 RPM: Total friction power and heat power
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From the results of Table 7 and from Figure 23, it is noticeable that the coefficient of
friction, f, is related to pitch angle (6,;;cx). In particular, friction coefficient is a decreasing
function of specific load, whereas the trend of pitch angle is similar. Therefore, the pitch
angle at equilibrium could be also considered as an indicator of bearing efficiency (small
values of pitch and correspond to small values of friction coefficient) and vice versa.

0.018 -
: - 40.000
0.016
] - 35.000
0.014 - =
“ 1 - 30.000 @
£ 0012 - T
S ] - 25.000 =
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7] ] L x
S 0.006 - - 15.000 @
G +—+—f, 1500 RPM o
0.002 +—8— pitch angle, 1500 RPM - 5000
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0.000 1 P AN S | 0.000
0.0 0.5 1.0 1.5 2.0 2.5

Specific Load, P (MPa)

Figure 23: Friction coefficient and pitch angle versus specific bearing load for two different values of rotational
speed.
The Reynolds number is defined based on the minimum film thickness, H,;, and the
circumferential velocity of the rotor, U = wr. Taking into account the variations of
circumferential velocity and viscosity variation (due to the temperature field), a local
Reynolds number can be defined at every bearing location.

In Figure 24, a color-coded plot of the local Reynolds number is presented. The maximum
value of 225 is found at the outermost region of the pad. Therefore, the considered
assumption of laminar flow is confirmed. Although, there is not a single accepted
Reynolds number corresponding to the onset of turbulence in bearing lubrication, prior
studies (e.g. [34]) indicate the range from 1000 to 1500, where turbulence is likely to
occur.
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Reynolds number
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Figure 24: Specific bearing load 2.0 MPa, rotational speed 3000 RPM: Color-coded plot of local Reynolds number.

Figure 25 presents the corresponding distribution of pressure at three radial positions of
the moving wall (rotor), see also Figure 26. As shown, pressure attains a maximum
approximately at the bearing mid-sector (1;,,;4), decreasing towards the side edges of
the bearing (Tinner Touter), due to fluid leakage.
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Figure 25: Specific bearing load 2.0 MPa, rotational speed 1500 RPM: streamwise pressure distribution at three
different radial positions of the bearing.
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Lw=85'725 mm

Figure 26: Sketch of a bearing pad; depiction of points data output.
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Figure 27: Specific bearing load 2.0 MPa, rotational speed 1500 RPM: (a) Pressure and (b) Temperature
distributions at the lubricant-pad interface.

In Figure 27 pressure and temperature distributions at the fluid-pad interface for a
specific bearing load of 2.0 MPa and rotational speed of 1500 RPM are presented.
Pressure attains a maximum at a circumferential position, lying at approximately 70% of
the bearing mid sector counting from inflow, which is slightly after the pivot point. The
corresponding temperature distribution displays maximum values at the outer region of
the bearing, close to the lubricant outflow. This can be attributed to the effect of oil
heating due to viscous dissipation as well as the action of centrifugal forces.
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Shaft speed 1500 RPM 3000 RPM
P (MPa) 0.50 1.00 1.50 2.00 0.50 ‘ 1.00 ‘ 1.50 2.00
Local Pressure values on pad surface (Pa)
P1 1.44E+05 | 2.90E+05 | 4.40E+05 | 5.92E+05 | 1.44E+05 | 2.88E+05 | 4.35E+05 | 5.84E+05
P2 2.20E+05 | 4.42E+05 | 6.69E+05 | 8.99E+05 | 2.21E+05 | 4.39E+05 | 6.60E+05 | 8.83E+05
P3 1.12E+05 | 2.24E+05 | 3.39E+05 | 4.55E+05 | 1.12E+05 | 2.19E+05 | 3.26E+05 | 4.33E+05
P4 4.50E+05 | 9.07E+05 | 1.36E+06 | 1.83E+06 | 4.48E+05 | 9.03E+05 | 1.36E+06 | 1.81E+06
P5 8.38E+05 | 1.70E+06 | 2.57E+06 | 3.46E+06 | 8.28E+05 | 1.67E+06 | 2.52E+06 | 3.38E+06
P6 5.98E+05 | 1.22E+06 | 1.84E+06 | 2.48E+06 | 5.93E+05 | 1.21E+06 | 1.83E+06 | 2.46E+06
P7 6.86E+05 | 1.37E+06 | 2.04E+06 | 2.71E+06 | 6.87E+05 | 1.37E+06 | 2.06E+06 | 2.73E+06
P8 1.18E+06 | 2.35E+06 | 3.52E+06 | 4.68E+06 | 1.18E+06 | 2.36E+06 | 3.53E+06 | 4.68E+06
P9 6.52E+06 | 1.30E+06 | 1.95E+06 | 2.59E+06 | 6.53E+05 | 1.31E+06 | 1.96E+06 | 2.61E+06
Local Temperature values on pad surface (°C)

P1 54.9 56.5 57.7 58.8 61.6 64.1 65.7 66.9
P2 55.1 56.8 58.0 59.1 62.0 64.6 66.3 67.6
P3 55.3 57.1 58.3 59.4 62.4 65.4 67.4 68.9
P4 59.1 63.2 66.7 70.1 67.8 74.3 77.6 80.7
P5 60.8 65.6 69.5 73.3 70.4 76.9 81.6 85.7
P6 61.9 67.2 71.5 75.6 72.3 78.5 84.7 89.0
P7 55.5 60.0 62.2 67.2 61.3 65.0 69.8 73.2
P8 55.9 59.6 63.3 69.4 61.8 65.9 69.4 72.6
P9 56.1 60.1 63.9 71.1 61.9 66.2 69.8 73.1

Table 8: Record of pressure and temperature at the locations depicted in Figure 26, for different values of bearing

specific load and rotational speed.
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4. Artificial surface texturing / Hydrophobicity

The pressure buildup mechanism of hydrodynamically lubricated bearings is highly
sensitive to changes in the bearing surface geometry. Recent research activity has
demonstrated that appropriate introduction of small periodic irregularities, in the form
of dimples or grooves, on the pad surface of thrust bearings has beneficial effects on the
bearing performance. This artificial surface texturing serves to increase the
hydrodynamically generated pressure, trap debris that can damage the working surfaces,
and act as a lubricant reservoir, providing oil, especially in mixed lubrication conditions,
where local oil starvation prevails. In the recent literature, several different dimple
geometries, including rectangular, trapezoidal, cylindrical or spherical geometries, have
been studied. Among the different possible designs, bearings with rectangular texturing
are of special interest, mainly because, in comparison to spherical patterns, rectangular
texturing provides higher load capacity due to the corresponding constant texture depth
[21]. At the same time, rectangular grooves have lower manufacturing cost compared
with the more complex trapezoidal patterns.

The objective of the present Chapter is the cross-evaluation of tilting pad thrust bearings
with different texture patterns, in comparison to the reference plain (conventional)
bearing presented in Chapter 3, under similar operating conditions. The ultimate goal is
to find appropriate texture patterns that provide enhanced performance characteristics.
Regarding texture patterns, four different types of sector-pad thrust bearings of the same
principal dimensions have been evaluated: (a) a pocket bearing, (b) a bearing with
circumferential grooves, (c) a bearing with radial grooves and (d) a bearing with
rectangular dimples, sketches of the geometry of each are presented in Figure 28. In
addition, for the two most effective geometries, the impact of varying texture parameters
is investigated at representative operating conditions. The examined parameters are
textured depth, as well as radial and circumferential texture extents.

Finally, as an alternative to the textured bearing, a pivoted thrust bearing with
hydrophobic properties on part of the pad surface is also examined in the final section of
this chapter.

4.1. Textured models

The numerical model defined in Chapter 3 is used as a basis for generating models of
textured tilting pad bearings. The boundary conditions, spatial discretization and
operating parameters are kept the same, whereas, the geometric model is altered, in
particular, at the surface of the pad. As already mentioned, four different types of surface
patterns are implemented, all covering a comparable region of the pad area.
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In particular, the circumferential span of all textured patterns extends from the leading
edge up to an angle of 35°, which corresponds to a texture length L; = 0.7L, where L is
the circumferential pad length at mid sector. Texture in the radial direction is symmetric
with respect to the pad mid-sector; the textured radial width being B; = 0.8B, where B
is the pad radial width. Textured depth, H;, is set equal to 30 um for all simulations. The
thrust collar surface is assumed planar and smooth.

(a) (b)

Figure 28: Sketch of a (a) pocket bearing, (b) bearing with radial grooves, (c) bearing with circumferential grooves,
and (d) bearing with rectangular surface texturing.

In the following paragraphs, a comparison of important bearing parameters such as
temperature, pressure, shear stress and minimum film thicknesses will be presented and
discussed.
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Figure 29: Specific bearing load 2.0 MPa, rotational speed 1500 RPM: Color-coded contours of (a) temperature, (b)
pressure and (c) shear stress in the fluid-pad interface for the textured geometries of the present study.

Temperature distribution effects

Figure 29(a) presents the distribution of temperature throughout the pad for the five
different bearing types of the present study. All bearings are loaded with a specific load
of 2.0 MPa, at a rotational speed of 1500 RPM. Figure 30(e),(f) presents the maximum
fluid temperature versus the specific bearing load for two different values of rotational
speed. From Figure 29(a), it is evident that, compared to other types, the pocket bearing
and the bearing with circumferential grooves exhibit lower temperatures throughout the
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pad surface. The blue areas, which correspond to cooler fluid, span a wider range of the
inflow region, while the maximum temperatures (depicted in Figure 30(e),(f)) are 8.8%
and 7% lower - for pocket and circumferential grooves respectively- in comparison to that
of the plain bearing. For the bearing with radial grooves, the corresponding cooling effect
is slight since the decrease of T, is only about 1%.

Typically, for all the considered bearing types, temperature values obtain maxima at the
outer bearing radius close to the outflow region (Figure 29(a)). In Figure 30(e),(f), the
difference of maximum fluid temperature of the four textured bearings in comparison to
the maximum fluid temperature of the reference plain tilting pad bearing is presented. It
is observed that, at low loads, the maximum fluid temperature is only slightly smaller in
the textured bearings, whereas at higher loads temperature decrease is more
pronounced, reaching approximately 9% for the pocket bearing at specific load of 2.0 MPa
both at 1500 RPM and 3000 RPM. Bearings with radial grooves or rectangular texturing
exhibit a behavior similar to that of the plain bearing, especially at higher specific loads.

Pressure distribution

Figure 29(b) displays the pressure distribution for each examined pad at the reference
load of 2.0 MPa and corresponding rotational speed of 1500 RPM. Furthermore, the
impact of the various geometries on pressure is depicted more clearly in Figure 31(a)
where the pressure profiles at the bearing mid sector are shown. Based on Figure 31(a),
we can observe that the pocket bearing and the bearing with circumferential grooves
exhibit lower values of pressure at the inflow region compared to the plain bearing,
however the trend is reversed in the region of maximum pressure, where those bearings
exhibit superior behavior. Due to the higher values of maximum pressure, these two types
of bearings display steeper pressure slopes, in comparison to those of the plain bearing,
in the outflow region.

Caution must be given when examining the displayed results as, from Figure 31(a), it
would appear that a plain bearing can carry higher loads because of the greater area
beneath the pressure curve. However, given that all models were solved for the same
loading conditions, we can infer that this conclusion would not be correct. The reason for
the misleading image is that the pressure profile of one sector does not give the correct
picture of the overall pressure distribution, the integral of which yields load capacity. In
fact, as shown in Figure 29(b) and especially in Figure 32(a), bearings with patterns, thanks
to their geometrical particularities, maintain pressure over a wider range in the radial
direction.
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Shear force and friction effects

In Figure 29(c), shear stress distribution at the lubricant-pad interface of the five different
bearings is presented. In the plain bearing, shear stress is characterized by a gradual
increase as a result of the gradual reduction of film thickness across the fluid domain. On
the contrary, the textured geometries exhibit lower shear within the pocket/grooves and
an almost constant (and fairly high) value of shear stress elsewhere.

The effect of each textured pattern on shear stress and, consequently, on friction is
clarified with the aid of Figure 30(c,d). In these plots, the relative change of friction torque
of the four textured bearings in comparison to that of a plain tilting-pad bearing is
presented as a function of specific bearing load, while two values of rotational speed are
studied (1500 RPM and 3000 RPM). The pocket bearing exhibits substantially reduced
friction in the entire loading range, whereas the bearing with circumferential grooves
follows the same trend, except for cases with very low values of specific load. On the
contrary, the bearings with radial grooves or rectangular texturing exhibit friction forces
higher than those of the standard, plain pad design.

Film thickness

The final critical parameter for comparing the bearings results is minimum film thickness.
In Figure 30(a),(b), the impact of the studied geometries on this parameter is shown, for
different loading and operating conditions of the bearings.

The pocket bearing and the bearing with circumferential grooves display the best
behavior, with a remarkable increase in H,,;,, for all cases considered. The increase ranges
from 10% to 22% for the pocket bearing and 4-20% for the bearing with circumferential
grooves. It is of interest that, at the nominal bearing load (1500 RPM, 2.0 MPa), the
performance of these two types of bearing is equivalent. The observations are similar for
operation at 3000 RPM with the improvement in H,,,;,, reaching approximately 24%.

For the bearing with rectangular texturing, the trend is similar but the improvement in
Hpin is much milder, exhibiting an increase of only 6% at nominal load. On the contrary,
radial grooves display a decreasing trend of H,,;,, reaching a lower value in comparison to
that of plain bearing, at nominal operating conditions (1500 RPM, 2.0 MPa).
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Summary

In conclusion, the present results illustrate a superior performance of the open pocket
bearing in comparison to the other bearing types. Very good results are also obtained for
the bearing with circumferential grooves. On the contrary, the introduction of texturing
in radial direction (spanwise) deteriorates the overall bearing performance especially at
high bearing load Figure 33.

4.2. Parametric analysis

In the present section, the results of a systematic variation of the principal texture
parameters are presented. Based on the results of the previous section, only open pocket
bearings and bearings with circumferential grooves are investigated at representative
operating conditions (1500 RPM and 3000 RPM, 1.0 MPa and 2.0 MPa). The considered
parameters are: textured depth (H;), and circumferential texture extent (L;) and radial
texture extent (B;). The effect of parameter was examined separately, by varying only
one at a time, while keeping the other two at their nominal value. The range of values
examined was chosen to be sufficient in order to display the trends and to discover
optimal points. In certain cases, the range of the tested values was limited by the inability
of the bearing to reach an equilibrium position due to the strong impact of the textured
geometry on the pressure build-up mechanism. Such a case, for example, was
encountered when examining the textured length (L;) parameter; in particular a value of
L; = 0.8L did not permit the bearing to balance in some of the examined operating
conditions.

4.2.1. Variation of Depth

In Figure 35, the effect of texture depth on bearing performance is demonstrated. In
particular, the main bearing indices (minimum film thickness, friction torque, and
maximum fluid temperature) are plotted against texture depth, for two values of specific
load and rotational speed. Here, the values of circumferential extent (L;) and radial extent
(B;) are kept constant and equal to 0.7 L and 0.8 B respectively.

Firstly, the maximum values of fluid temperature for the examined pads are shown in
Figure 35(e,f) and a notable effect can be seen. Temperature is shown to be inversely
proportional to textured depth, i.e. higher values of H;, lead to lower values of T;,,,. For
very higher values of H;, a reduction of 7-9% in T,,,, is attained for pocket bearings. A
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similar trend is observed for the bearings with circumferential grooves, though the
reduction is slightly less (6-8%).

At the same time, from Figure 35(c),(d), it can be seen that friction torque follows the
same trend as maximum temperature and is inversely proportional to textured depth. For
the case of a pocket bearing at P = 1.0 MPa, for H; = 50um, a decrease in friction
torque of over 12%, in comparison to the plain bearing, is presented, with a tendency for
further decreases.

In Figure 35(a),(b), minimum film thickness is plotted against texture depth. At the
nominal bearing load of 2.0 MPa, minimum film thickness exhibits a maximum at values
of texture depth around 20 um and 30 um, whereas it decreases at higher values of
texture depth. For example, for the bearing with circumferential grooves at 2.0 MPa,
optimum performance (in terms of H,,;,) is attained for H; = 30pum. The improvement
compared to the plain bearing is of the order of 22%. At lower loads (Figure 35(a)),
optimum values of H;, depend on bearing type and shaft speed. In general, the optimal
H; appears to be higher than 30um for all cases considered.

In Figure 34, pressure and shear stress distributions in the streamwise direction, along the
bearing mid sector, are presented for different values of H; of the pocket bearing. It is
observed that maximum pressure increases with an increasing H;, up to a value of
approximately 20 um. However, at higher values of H;, the maximum pressure is shown
to decrease. Therefore, an optimal value of H; exists, which for the present model lies
between 20 um and 30 um. This behavior can be explained as follows: As H; increases,
the bearing deviates from the smooth converging bearing and behaves as a step bearing.
Increase of H, leads to more fluid enter the domain, therefore enhancing the wedge
effect of the bearing. However, at large values of Hg, the fluid entering cannot exit the
domain, therefore, a large zone of recirculation is present at the bearing inflow,
influencing bearing behavior.

Finally, as pictured in Figure 34(b), it is clear that shear stresses are substantially
influenced by pocket depth, decreasing with increasing depth. At the inflow region, shear
stresses decrease with increasing depth, but on the contrary increase at the region of
maximum pressure. This is mainly due to the fact that the strain term du/0z is
proportional in the pocket area.

In conclusion, it is found that pocket depth and the depth of circumferential grooves
substantially affect both bearing performance (load capacity) and efficiency (friction) of
the bearing, but towards different directions. While low textured depths provide higher
minimum film thicknesses (H,,;,) and thus better load capacity, higher depths improve
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the frictional characteristics, since they are characterized by to lower friction forces,
torque resistance and energy consumption.
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Figure 34: Pocket bearing: specific bearing load 2.0 MPa, rotational speed 1500 RPM (a) Pressure (b) Shear stress
distribution at the pocket bearing mid sector, for different values of pocket depth H;.

4.2.2. Variation of Circumferential Extent

In Figure 356 the effect of texture length on bearing performance is demonstrated. In
particular, the main bearing indices (minimum film thickness, friction torque and
maximum fluid temperature) are plotted against texture length for two values of specific
load and rotational speed. Here, the values of textured depth (H;) and radial extent (B;)
are kept constant and equal to 30 um and 0.8B respectively.

The effect on film thickness is insignificant at low bearing loads. Specifically, Figure 36(a),
shows that minimum film thickness varies less than 2% for different values of texture
extent in the circumferential direction. The results are quite different for high loads
(2.0MPa) since there is a constant increase of H,,;,With increasing textured length (L;).
Although it seems that, based on the curve derivative, there is room for further
improvement, for values greater than L; > 0.7, the bearing displays instabilities, and an
equilibrium position can not be attained.

In terms of efficiency, the pocket bearing proves to have the best performance. It achieves
slightly lower friction torque values, reduced up to 10.5% in relation to the plain bearing
at the specific load of 1.0 MPa, whereas the bearing with circumferential grooves attains
a maximum reduction of 9% (Figure 36(c)). It is observed that friction torque increases
with increasing textured length. L;. At high values of specific load, (Figure 36(d)), the trend
is milder.
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Finally, based on Figure 36(e) and (f), we observe that the effect of L, on maximum oil
temperature T, is practically insignificant.

While both the pocket bearing and the bearing with circumferential grooves display the
behavior analyzed previously, the latter comprises a more economical solution if the
performance at higher specific loads is what matters. This is contrary to the conclusion
based on friction effects where the pad with the pocket pad bearing has better efficiency.

4.2.3. Variation of Radial Extent of Texturing

In Figure 357 the effect of texture width on bearing performance is demonstrated. In
particular, the main bearing indices (minimum film thickness, friction torque and
maximum fluid temperature) are plotted against texture width for two values of specific
load and rotational speed. Here, the values of textured depth (H;) and circumferential
extent (L;) are kept constant and equal to 30 um and 0.7L respectively.

Based on Figure 37, we can observe that the trends are similar for all the cases and the
geometrical models. In particular, regarding the H,,,;,,, it can be deducted that maximum
values are attained for a fairly wide range of applied texturing B, = (0.5 + 0.7)B.
However, caution is needed as, for larger values of B;, the performance abruptly falls. The
same applies for the friction torque, except that optimum values are obtained at B;
values around 0.7, leading to a friction reduction of 9% at 1.0 MPa and 7% at 2.0MPa, for
the case of the pocket bearing. The conclusions are similar for the bearing with
circumferential grooves. The difference lies in the small decrease in efficiency, of the
latter, as can be seen from Figure 37(c) and Figure 37(d).
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Figure 37: Summarized results of the parametric analysis of textured width for the pocket pad bearing and the
bearing with circumferential grooves in relation to the performance of the plain pad bearing under certain
operating conditions: (a,b) effects on minimum film thickness, (c,d) effects on friction torque, (e,f) effects on

maximum fluid temperature.
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4.3. Hydrophobic model

In this section, the effect of introducing hydrophobic properties on part of the tilting pad
surface is investigated. The numerical model defined in Chapter 3 is utilized maintaining
the geometrical dimensions, the spatial discretization and the operating parameters. The
boundary conditions at the surface of the pad were appropriately altered in order to
simulate the hydrophobic properties. The modified Navier’s model which was introduced
in Section 2.5 has been used for this purpose. A sketch of the hydrophobic slider studied
here is presented in Figure 38. Geometric parameters are those corresponding to the
reference pocket bearing, namely B; = 0.8B and Lg = 0.7L, where B is the radial width
of the hydrophobic part of the pad and L is the corresponding circumferential length.

|
|

L

B=0.8B

Figure 38: Sketch of a plain tilting pad with hydrophobicity on part of the pad area.

As has been already mentioned, the key parameter that quantifies the hydrophobic
properties of a surface is the slip length b, whose definition has been given in Section 2.5.
This quantity is a model: it does not physically exist nor does it remain constant when the
fluid flow conditions on the surface change. For these reasons, the implementation of the
non-dimensional number b* = b/H,.; in the simulation of hydrophobic surfaces is
necessary. However, in our particular study, due to the variation in film thicknesses during
the equilibrium finding process, the definition of a fixed H,. which normally describes a
characteristic height of the fluid flow, is impossible. Thus, guided by the previous
experience and the results of the standard, plain bearing, the value of H,..; = 20um was
set as a representative one. Recent experimental work has shown that in
superhydrophobic surfaces, slip-length b is generally in the range between a few hundred
nanometers and several micrometers. Here, to identify the potential of introducing
hydrophobicity on part of the stator, several simulations have been carried out with
values of non-dimensional slip length varying from 0.1 to 1000.
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All other parameters of the bearing were kept constant at their nominal values. The
results are presented in Figure 39, where minimum film thickness and friction torque are
plotted against non-dimensional slip length b*. It is noted that the bearing is under a
specific load of 2.0 MPa at 1500 RPM.
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€
=30.00 — = 250
é &
T 25.00 z
p - 200
7, -
2 20.00 p g
S - 1505
S 15.00 - e
£ - 1.008
£ 10.00 - 5
S =
£ 500 | —=—Hmin - 0.50
b= —e—Friction torque

0.00 ‘ ‘ ‘ 0.00

0.1 1 10 100 1000

Nondimensional sliding length, b*

Figure 39: Specific load 2.0 MPa, rotational speed 1500 RPM: Minimum film thickness, Hmin, and friction torque T,

versus non-dimensional slip length b*.
The results of Figure 39 demonstrate a substantial increase of minimum film thickness
and a substantial decrease of friction torque at increasing of non-dimensional slip length
b*. In particular, values of b* close to zero, the bearing approaches the performance of
the conventional, plain, tilting pad thrust bearing. Progressively in the range between 0.1
and 10, the performance indices are greatly enhanced whereas for values of b* greater
than 10, there is actually no further improvement. Although b* values of 10 correspond
to slip lengths of 200um, far exceeding the limits of the contemporary technological
capabilities, this figure indicates the general potential of the hydrophobicity in pivoted-
pad thrust bearings.

For the case of b* = 100, where the benefit is the maximum possible, the following
results are presented: In Figure 40, the slip effect is illustrated by plotting fluid velocity in
the fluid-pad interface. In the non-hydrophobic part of the stator, fluid velocity is zero
(no-slip condition), where at the hydrophobic part, non-zero velocity observed.
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Figure 40: Specific load 2.0 MPa, rotational speed 1500 RPM, b*=100: Color coded contours of fluid velocity at the
fluid-pad interface of the hydrophobic slider are presented.

While pressure distribution (Figure 41(a)) is quite similar to that resulting from the
introduction of a pocket geometry (see Section 4.1), the temperature field is completely
different as is evident from Figure 41(b). The low shear stresses in the hydrophobic region,
are associated with lower heat generation, and, therefore, with lower local values of oil
temperature. However, outside the region in question, temperature distribution is
familiar; temperature values attain maxima at the outer bearing radius close to the
outflow region and are slightly reduced (approximately by 2 °C) compared to the plain
bearing.

Due to the improved friction indices, a remarkable reduction in power loss of the order
of 32% is attained for the bearing with partial hydrophobic properties. Indeed, as shown
in Figure 42(a), this improved performance is maintained at different values of bearing
specific load.

The increase in load capacity is even greater, as can be deduced by the corresponding
increase in H,,;,,. As shown in Figure 42(b), for the case of 1500 RPM and 2.0 MPa, the
bearing with hydrophobic treatment displays a minimum film thickness, H,,;, of about
30um whereas the plain bearing has H,,;, = 18um. Regarding this parameter, an
improvement of over 40% is maintained even at low bearing loads.
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Figure 41: Specific load 2.0 MPa, rotational speed 1500 RPM, b*=100: (a) pressure, and (b) temperature at the fluid-
pad interface of the hydrophobic thrust bearing.
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Figure 42: Performance of tilting pad thrust bearing with hydrophobic properties in relation to specific load and
compared to the plain bearing and the pocket bearing: (a) power loss, (b) minimum film thickness.
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5. Conclusions and Future work
5.1. Conclusions

The results of the present work allow for valuable conclusions regarding the application
of surface treatment technologies (artificial surface texturing or hydrophobicity) to tilting-
pad thrust bearings. In particular, if appropriately designed, surface treatment can grant
notable improvements on the overall bearing behavior: a load carrying capacity with
increased film thickness can be achieved, energy losses due to friction can be moderated
and maximum oil temperatures can be reduced. However, the selection of surface
treatment type and parameters is critical.

Based on the present results, pocket bearings and bearings with circumferential grooves,
display enhanced tribological indices, whereas bearings with radial grooves or rectangular
texturing have mildly positive or even negative behavior, in comparison to conventional
plain bearings. In particular, minimum film thickness, as an indicator of load bearing
capacity and of risk of contact, is improved by 10-22% for the pocket bearing and by 4-
20% for the circumferentially grooved bearing. Meanwhile, friction is substantially
reduced for both these bearings, though for the latter the improvement is not maintained
at low loads. Finally, the reduction in maximum temperature is of the order of 8.8% and
7%, respectively. It is clear from the above that the pocket bearing has the best overall
performance. However, the bearing with circumferential grooves achieves significant
improvements as well. In some cases, these improvements are sufficient so that the
circumferentially grooved bearing may be preferred for its lower production cost, as a
result of a smaller surface area requiring treatment. It should be stressed that by applying
proper texturing, the same film thickness and thus load capacity can be achieved with a
pad of smaller principal dimensions. In that case, friction is further reduced, not only
because of surface treatment, but also because of the smaller active area of the bearing.

Furthermore, parametric analysis revealed the impact of the main texture parameters
(texture depth, circumferential and radial texture extent) on the performance of tilting-
pad thrust bearings. Values of texture depth around 30 um ensure high values of
minimum film thickness (equivalently: load capacity), but lead to higher friction torque,
whereas larger depths have the opposite effect. Depending on the demands of the
application, a compromise between those opposing effects, may be important for optimal
design. Texture extent in the streamwise direction plays a less important role in terms of
performance; it does not affect temperatures, while film thickness is only affected at high
bearing loads. Therefore, it can be minimized to reduce the technical cost of texturing.
The radial extent of texturing, on the other hand, seems to influence more markedly, with
all criteria indicating an optimal value around B; = 0.7B.
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Remarkable enhancements can also be observed with the use of another recent
technological feature in tribological applications, namely that of hydrophobicity. Power
loss due to friction may be reduced by around 32% throughout a broad range of specific
loads, while gains in load capacity are even greater, reaching 62%. Here the main design
parameter is the non-dimensional slip-length b*. This parameter is optimum in regards to
both friction reduction and load capacity for values greater than 10, corresponding, in the
present model, to actual slip lengths of 200 um. This value far exceeds the limits of
contemporary technology, but indicates the great potential of hydrophobic technology in
pivoted pad thrust bearings.

5.2. Future work

Driven by the simplifying assumptions of the present study, suggestions for future
research include modeling of tilting-pad thrust bearings, in which the following
parameters are also taken in consideration:

i.  Thermal and elastic deformations due to the temperature and pressure fields,
resulting in thermoelastohydrodynamic (TEHD) analysis.
ii.  The detailed groove geometry and its exact influence on bearing performance.

At the same time, the implementation of surface texturing requires further investigation.
Areas of interest could include:

i.  The optimization of the exact geometric pattern, given the operating needs of
particular applications.
ii.  Economic cost assessment studies, taking into account performance degradation
of surface properties due to wear over time.
iii.  Validation of the theoretically predicted results of the present study through
experiments.
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