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Z0voyn

H tpBn eival pio amod TG MO ONUOVTIKEG OLTIEC ATIWAELOG EVEPYELAG KoL
¢Bopag petafl emupavelwv mou Pplokovtal o OXeTWKR Kivnon, kat odnyel oe
aAAolwon TG KNXOVIKNAG amodoong Kal, TEAKA, o aoto)ia Twv aAAnAsrudpouviwy
Tepayiwv. H pikpo/vavo tpifoloyia amotelel Eva oxeTIKA VEO eSO EMLOTA NG, TTOU
OOYOAELTOL PE TNV EMISPACH TWV UIKPO/VOVO TPOTIOTIOLCEWY TNG EMLAVELOG OTNV
anodoon Ttwv TpLPoloyikwy emadwyv. Ta oKTWIKA €8pava oAioBnong eivat
HUNXOVOAOYIKA TEUAXLO TIOU XPNOLUOTIOLOUVTOL Yl TNV TapaAaBy TwWV OKTWIKWV
dopTtiwv mou katamovouv neplotpedopevouc afovec. Kata tn Asettoupyia, Eva AEmTo
Sl AutavtikoU  Snuioupyeital  petald Ttou afova kol tou  edpavou,
e\ayLotomolwvtag tnVv TP oAlodBnong Kat anotpénovtag tnv enadrn UETAAAOU HE
HETAANO. H amodoon Twv aktwikwv e6pavwv oAloBnong, mou ouvnbwg
TLOCOTLKOTIOLEITOL HECW TOU €AAXLOTOU TIAXOUG TOU AUTOVTLKOU KOL TOU GUVTEAEDTH
BN, alalel awoBntd o SladopeTikéC ouvOnkeg Asttoupyiag (akTwiko ¢oprtio,
TepLoTpodLki TaxuTnTa dfova, LEWHEC Aumavtikou).

Itnv mapoloa €pyacio, TOPOUGCLALETOL MLA UTIOAOYLOTIK HEAETN TNG
udpoduvaplkng Almavong oe aktwika €8pava oAiobnong, ta omoila ¢Epouv
S10dopeTIKOUG TUTIOUG ETILGAVELAKN G KOTEPYATiag o PEPOC TNG EMLPAVELOG TOUC. Ta
XOPOAKTNPLOTIKA TOU aKTWikoU edpdavou umoAoyilovtal pe emiluon tng e€iowong
Reynolds, xpnolwgomowwvtag évov emAUTn Tenepacuévwy Sladopwv Tou EXEL
avamntuxbel evtog tou EMIM. Mévte OSladopetikol TUTOL OKTWIKWY €8pavwy
ouykpivovtal pe Baon tnv anodoon toug UTIO SLadopPETIKOUG CUVEUACHOUG OKTLVIKOU
doptiou kat mepLoTpod kG TaXUTNTAG: () E6pavo pe pia eviaia pnxr KoWoTnTa otnv
neploxn oavamntuéng vdpoduvapkng mieong, (B) €dpavo pe pnxéC mepLdEPELOKES
eykomeg, (y) €6pavo pe pnxég afovikég eykomeg, (6) €6pavo pe opBoywvikn
empavelakn tpaxutnta, Kat (g) €6pavo pe udpodoBikotnta. Mpokelpévou va eupeBetl
n mo oamnoteAsopatiky oxediaon yia kaBe tumo ebpdavou, akoAouBeital pla
TPOCEyylon TOAUKPLTNPLAKAG PeAtiotonoinong, mou Paociletal o€  YEVETIKO
aAyoplBuo. Ztoxo tnG BeAtiotomoinong anoteAel n elpeon TwWV KUPLWV CXESLACTIKWV
TIAPAUETPWY TOU QKTWVIKOU gdpavou (Babog eykomng, afovika/mepidepelakd opLa
EYKOTIWY, HNKOG OAloBnong, afovika/mepidepelakad opla udpodofikotnrag), ot
OTIOLEC EAQXLOTOTOLOUV TOV OUVTEAEOTH TPLBAC KAl HEYLOTOMOLOUV TO TIAXOC TOU
AutavtikoU gAaiou.

Ta amoteAéopoto TG  UTOAoyloTikAG  Sladilkaociag emaAnBevtnkav
TIELPOUATIKA o0 SlAtaln TEWPAUATIKWY OOKIMWY Yl OKTWIKA €6pava, Tou
oXeS6LA0TNKE KOL KATAOKEUAOTNKE OTO MAALOLO TNC mapoloaG SUTAWUATLKAC Epyaciag.
H nelpapatikn dtataén, mou xapaktnpiletal anod potopa (afova) dtapétpov 30 mm,
€xeL oxedlaotel yla va cuvbéstal pe to umapyov Tplpopetpo Bruker UMT-3SYS kat
elval og B€on va petpadel pe akpiPela, To emBaAAOpeVO HOPTIO OTO AKTLVIKO £€56pavo,
™ pomn TpLBNC, tn B€on Looppormiag tou dfova (EKKeVTpOTNTA, Yywvia cuunepldopdg),
OTWG €MLONG KaL TNV OVATITUCOOUEVN Tiieon Kol Bepuokpacia o€ apkeTEC BECELG TOU
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OKTWVIKOU €6pAvou, KATw amod otabepéc kol HETABANTEC OTO XPOVO KOTOOTACELG
doptiou.



Abstract

Friction is one of the most important causes of energy loss and wear between
interacting surfaces in relative motion, leading to deterioration of mechanical
performance and, eventually, to failure of the interacting components. Micro/Nano
tribology constitutes a fairly new field of science, concerned with the effects of
micro/nano surface modifications on the performance of tribological contacts. Journal
bearings are mechanical components used to support the radial loads of rotating
shafts. During operation, a thin lubricant film is maintained between the shaft and the
bearing, minimizing sliding friction and aiding in preventing metal-to-metal contact.
Performance of journal bearings, commonly quantified in terms of minimum lubricant
thickness and friction coefficient, changes substantially at different operating
conditions (radial load, shaft rotational speed, lubricant viscosity).

In the present study, a computational investigation of hydrodynamic
lubrication in journal bearings exhibiting different types of surface treatment at part
of the bearing surface is presented. Here, bearing performance is computed by
solution of the Reynolds equation, utilizing an in-house finite difference solver. Five
different types of journal bearings are cross-evaluated for operation at different
combinations of radial load and rotational speed: (a) a pocket bearing, (b) a bearing
with circumferential grooves, (c) a bearing with axial grooves, (d) a bearing with
rectangular texturing, and (e) a hydrophobic bearing. To identify the most efficient
designs for each bearing type, a multi-objective optimization approach is followed,
based on genetic algorithms. The optimization goal is to identify the main bearing
design parameters (texture depth, axial/circumferential texture extents, slip length,
axial/circumferential hydrophobic extents) which simultaneously minimize friction
coefficient and maximize minimum lubricant thickness.

The outcome of the numerical process is verified experimentally in a journal
bearing test rig, designed and constructed in the framework of the present diploma
thesis. The test rig, characterized by a rotor diameter of 30 mm, is designed to fit in
an existing Bruker UMT-3SYS tribometer, and is capable of accurately measuring
bearing load, friction torque, shaft equilibrium position (eccentricity, attitude angle),
as well as pressure and temperature at several bearing locations, under both steady-
state and transient bearing load conditions.



Nomenclature

B

bs

c

&7

D
depth

density_x

density_y

hi, ho (hmin)

L
N
N

Nx, Ny

03,05

Pz
Pm

P, Pmax,Ppump

Q Q

Qx Oy
R

bearing width [m]: B=rt:D

slip length [m]

bearing radial clearance [m]: c= Ri-R2

thermal capacity of the lubricant [J/(kg-K)]

bearing diameter [m]: D=2:R

the depth of the texturing in both axis

density of the surface that contains the texturing along the x
axis

density of the surface that contains the texturing along the y
axis

eccentricity [m],

. . . . . e
dimensionless eccentricity ratio: e ==
c

power loss [W]
angle at which the texturing ends on the x axis

non-dimensional value of the bearing length at which texturing
ends

friction force [N]

normalized friction coefficient: f=p(R/c)
lubricant film thickness [m]

maximum film thickness [m],

minimum film thickness [m]

bearing length [m]

shaft rotational speed [RPS]

shaft rotational speed [RPM]

number of dimples on the circumferential direction
number of dimples on the axial direction

bush center [m],

shaft center [m]

vertical external load [N]

mean pressure in bearing p,, = % [Pa]
pressure [Pa],

maximum pressure [Pa]

oil pump pressure [Pa]

inlet flow rate [m3/s],

outlet flow rate [m3/s]

lubricant inlet flow rate per unit length [m?/s],
lubricant outlet flow rate per unit width [m?/s]
bearing radius [m]
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bush radius [m],

Ri, R
b2 shaft radius [m]

W (c 2
S sommerfeld number: S=_(_j
LUN\R

slip_start_angle angle at which the hydrophobicity starts on x axis [deg]

non-dimensional value of the bearing length at which

slip_start_y hydrophobicity starts

slip_end_angle angle at which the hydrophobicity ends on x axis [deg]
non-dimensional value of the bearing length at which

slip_end_y hydrophobicity ends
start_x angle at which the texturing starts on the x axis [deg]
start_y non-dimensional value of the bearing length at which texturing
ends
T, friction torque [N-m]
U rotor linear velocity [m/s]
x-axis stator speed [m/s],
Ui, U; .
x-axis rotor speed [m/s]
u x-axis fluid velocity [m]
y-axis stator speed [m/s],
Vi, V2 .
y-axis rotor speed [m/s]
v y-axis fluid velocity [m]
w load capacity [N]
w z-axis fluid velocity [m]
Wy vertical velocity of bottom surface [m/s]
wp, vertical velocity of top surface [m/s]
x-axis coordinate [m]
y-axis coordinate [m]
V4 z-axis coordinate [m]
AT temperature rise [K]
n fluid dynamic viscosity [Pa-s]
Ocav cavitation angle [deg]
Omax maximum pressure angle [deg]
u friction coefficient: p= F/W
p lubricant density [kg/m3]
Tc critical shear stress [Pa]
shear stress in x direction [Pa]
Bo Ty shear stress in y direction [Pa]
@ attitude angle [deg]
c
v Y= R
w angular velocity [s]
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1 Introduction

1.1 Overview- The significance of tribology

Tribology is a relatively new field of science, studying friction, wear and
lubrication of mechanical interacting components. It is applicable to a wide range of
applications, from household appliances to space structures. Due to its
interdisciplinary nature it is directly linked to scientific domains, such as mathematics,
physics and material technology [1]. Friction is a major cause of wear, which leads to
material wastage and degradation of mechanical performance. The most common
way to reduce wear is through the reduction of friction, which is achieved with the
insertion of a thin lubricating film between the two interacting surfaces, being also the
basic idea of hydrodynamic lubrication. Interacting surfaces can be found in almost all
machinery with moving parts, such as gears, bearings and couplings. Therefore, design
improvements, which will increase the expected lifetime and decrease operational
costs of components, can have a significant impact on the contemporary standard of
living.

As mentioned earlier, tribology mainly focuses on the study of the
characteristics of the intervening film between contacting bodies, and the
consequences of either film failure or absence of a film, which are usually manifested
by severe friction and wear. Film formation between two sliding objects is a physical
phenomenon that prevents the extremely high shear rates at their common interface.
Therefore, the practical objective of tribology is to minimize the two main
disadvantages of solid to solid contact, meaning friction and wear.

The field of marine engineering is no exception and comprises many
applications where friction plays a decisive role in overall performance. In ships,
important power losses are present in Diesel engines (in piston rings, crankshaft
bearings and connecting rod bearings, which in total lead to power losses
approximately 5-7.5% of engine BHP), at the shafting system (where losses of 1-2% of
BHP in thrust bearing and journal bearings are found), as well as in the gear unit (with
losses around 1-2% of BHP), if present. Energy cost due to friction and wear for a
particular mechanical component may seem low compared to the total power of the
device, but if they are examined under the scope of annual costs of a certain fleet of
sea-going vessels, the power savings can reach a considerable value.

1.2 Historical-Literature review

Hydrodynamic lubrication is the most common way to reduce friction and
wear. Stachowiak [1] mentions that hydrodynamic lubrication origins from the end of
the 19t century, inspired by the Beachamp Tower experiments, and the field was
further advanced by Osborne Reynolds and other theoreticians. At the beginning of
the 20" century, hydrodynamic lubrication was successfully applied to thrust
bearings, and it was used for the support of the ship propeller shaft. Hydrodynamic
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lubrication is a phenomenon still studied to this day, and constantly being enriched
with modern publications.

The mathematical equation governing this phenomenon was first expressed
by Reynolds, and nowadays it is known as the Reynolds Equation. This equation can
be derived by applying certain assumptions to the general Navier-Stokes fluid
equations. In order for hydrodynamic lubrication to occur, there are two conditions,
always to be met:

e Pressure is developed only along the lubricating film, two surfaces
move relatively to each other,

e The two surfaces must be inclined at some angle to each other.

One of the typical applications of hydrodynamic lubrication are journal
bearings, which are found in mechanical systems that utilize a rotating shaft to
transfer torque. A typical journal bearing consists of a stationary bush, which houses
the rotating shaft. The shaft and the bush are the two surfaces moving relatively to
each other, so a load-carrying lubricating film is generated between these two. There
are two main aspects of journal bearing analysis: The first aspect is related to design
and performance, whereas the second is related to practical or operational problems,
such as vibration, cavitation, and lubricant supply [1].

One of the first experiments on journal bearings was performed by Beauchamp
Tower in the end of the 19t century. When he noticed that the oil in journal bearing
always leaked out of the hole located beneath the load location, he plugged it with a
cork only to find out that the cork was slowly forced out of the hole by the oil. He then
realized that a yet unknown mechanism was responsible for pressurizing the oil. After
measuring oil pressure, Tower realized that it was responsible for separating the two
surfaces by developing a significant hydraulic force. Since then, the improvement in
the design of journal bearings has been aided by corresponding developments on a
theoretical and practical level. The analyses of hydrodynamic journal bearings was
originally based on the solution of Reynolds equation for pressure distribution. A more
detailed analysis of the geometric characteristics of the lubricating film in journal
bearings is presented in [1]. Khonsari has presented a thorough numerical investigation
of journal bearings with different geometric and operational characteristics. In particular,
in [2], bearings with different length to diameter ratios, ranging from 1/8 to 2, and
different combinations of load and rotational speed, have been investigated, and the main
performance indices of the bearings have been reported. In his study, Khonsari solved
the Reynolds equation with a Reynolds boundary condition, which assumes zero
pressure and pressure gradients in the boundary between the active and the
cavitating regions of the bearing.

Further understanding of the occurring tribological phenomena of journal
bearing has led to new improvement potentials of the existing bearing designs. A
method that has recently drawn significant attention is related to the implementation
of appropriate roughness patterns on the face of the bearing surface. This process is

18



called artificial surface texturing, and is about the introduction of small, periodic
irregularities of various shapes on a lubricated surface in order to reduce frictional
losses and increase load carrying capacity. Both experimental [3]-[5] and numerical
[6]-[9] studies have confirmed the effectiveness of such solutions: proper distribution,
depth and shape of the various textures seem to generate additional hydrodynamic
load capacity. A fair amount of the experimental studies is focused on the
measurement of the friction torque, as it is one of the most important parameters of
the bearing performance and a direct means of calculating mechanical losses of the
bearing. Each research team has designed a specific experimental rig in order to
measure friction torque [3], [5], [10]-[13], nonetheless most of them share some
common features, which are directly related to journal bearing operation.

Although optimization of textured surfaces seems to have the potential to
substantially improve bearing designs, many researchers have recently shifted their
focus to the study of a much more promising surface treatment. In particular, many
efforts have been oriented towards the idea of applying hydrophobic properties on
sliding surfaces. Hydrophobic surfaces have wetting resistant characteristics, which
drastically reduce the levels of friction during fluid flow. A series of experimental
studies using several different methods has proven that, on hydrophobic surfaces,
simple Newtonian liquids can slip over the solid boundary [14], [15]. Studies have
shown that with a proper distribution of hydrophobicity over the surface, friction
torque may exhibit a significant reduction.

Finally, some numerical studies examine the combination of textured and
hydrophobic surfaces, using partially textured slip journal bearings, where
hydrophobicity is applied at the bottom surface of the artificially crafted textures [16].
Through this modification both lower friction torque and higher load carrying capacity
can be achieved and also protection of hydrophobicity from wear, under a practical
scope.

1.3 Goals of the present study — Thesis outline

The goal of the present Thesis is the study, development and construction of
an experimental setup that will enable the study of operational characteristics of plain
journal bearings and of journal bearings that have undergone surface treatment
modification in part of the stator, either artificial surface texturing or hydrophobicity.
Hydrophobic surfaces are wetting resistant, exhibiting low friction during fluid flow,
while artificial texturing refers to introducing small periodic dimples on the surfaces
which, if applied properly, can lower the friction coefficient and increase load capacity.

In Chapter 2, the basic principles of the theory of hydrodynamic lubrication are
presented, along with the formulation of the Reynolds equation for the plain journal
bearing surface. In Chapter 3, numerical simulations of textured and hydrophobic
bearings are presented and the results are compared to those corresponding to a
conventional plain journal bearing. In Chapter 4, the design of the experimental setup
is described, along with the already existing experimental equipment. In Chapter 5,
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the experimental measurements are presented and are compared to the relative
numerical results of Chapter 3. Finally, in Chapter 6 the basic conclusions are drawn
and some ideas of future work are proposed.

20



2 Journal Bearings

2.1 Overview (based on [2], [16])

Journal bearings are used in a variety of engineering applications, so proper
study of tribology has a major impact on their performance. A journal bearing consists
of a cylindrical body around a rotating shaft, used either for supporting a radial load
or simply as a guide for smooth transmission of torque. It involves a stationary sleeve
(or bushing) with a complete 360 arc or various arrangements of a partial arc or arcs
in a housing structure. The inner surface is commonly lined with a soft bearing
material such as lead, tin, white metal and babbitt metal or even plastic.

Plain journal bearings are susceptible to a form of instability known as self-
excited oil whirl. Over the years, a series of bearing designs have been developed for
suppressing such vibration problems, such as bearings with tilting pad, elliptical,
pressure dam, and offset split bearings.

Once the shaft is in steady state, it assumes a position within the bearing bush
whose coordinates are eccentricity e and attitude angle ¢, as shown in Figure 1.
Eccentricity is simply the displacement of the journal center O; from the bushing
center 0,. Attitude angle is the angle between the load line and the line between
these centers. Eccentricity decreases and attitude angle commonly increases with
more vigorous oil-film pumping action by the journal at higher speeds and with
increased lubricant viscosity.

----------- - |p

/L////

Figure 1: Cross section of a journal bearing and its characteristic geometric parameters [2].

In many applications, rotor weight and any external load are supported on two
identical bearings located on either end of the shaft. A journal may also run centered
in its bearing with zero eccentricity if its shaft is positioned vertically so that gravity
does not contribute to the load. As in vertical pumps and motors, these lightly loaded
bearings are particularly susceptible to troublesome oil whirl instability, as the
unloaded journal tends to gyrate in the rotating oil film.
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Kostopoulos [16] describes how the use of journal bearings comes with a series
of advantages:

e They are often constructed in divided parts or as a whole body and their
assembly is simple

e The small clearance renders them usable in high-accuracy constructions

e Because of the way they are build, dust cannot enter the lubricant area,
protecting the surfaces of bushing and rotor

e A hydrodynamic lubricating film is formed between the working surfaces,
therefore minimizing the wear of the working parts and maximizing the
lifespan of the journal bearing

e They can withstand large applied loads

Their main disadvantages are the following:

e High friction coefficient during the startup process (transient conditions)
e Frequent maintenance
e Asignificant amount of lubricant and a lubricating system is necessary

In applications where the system starts up under an applied load, the
hydrodynamic lubricating film is developed above a certain value of rotational speed.
On the other hand, journal bearings are not performing efficiently at very high
rotational speed values. That is happening because as rotor speed rises, the lubricating
film becomes turbulent, increasing shear stress. This results in higher lubricant
temperature and the subsequent thinning of the hydrodynamic film. Tangential
rotational shaft speeds of 75 mm/s are considered high enough, but in certain
applications rotational speeds of 150 mm/s have also been achieved. Journal bearings
can become quite costly when a custom design is needed, and when produced in small
amount. On the other hand, journal bearings that are massively produced are quite
economical.

There are five different lubrication types of a journal bearing as shown below:

Hydrodynamic lubrication:

According to this type of lubrication, the surfaces of the bushing and the
rotor are separated by a lubricating film in order to prevent metal to metal contact.
A constant supply of lubricating oil is necessary, but is not dependent on inlet
pressure of the lubricant. When the rotational speed surpasses a certain value, a
pressure film is developed between the two surfaces, enabling it to withstand the
applied load, while keeping the two surfaces apart.
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Hydrostatic lubrication:

In this lubrication type the lubricating film, being either oil or water or air, is
inserted between the shaft and the bearing bush under pressure, high enough to
separate the bearing and rotor and to withstand the applied load. So, the fluid film is
already pressurized, meaning that relative motion of the two surfaces is not required.

Elasto-hydrodynamic-lubrication:

In cases of high load, or soft materials, the bearing or the shaft undergo elastic
deformations during operation. Those deformations affect the fluid-film geometry,
which, in turn affects bearing performance. In such cases, the bearing is operating in
elastohydrodynamic conditions; modeling should take into consideration this
phenomenon for accurate calculations.

Boundary lubrication:

Boundary lubrication takes place when the thickness of the lubricant is
inadequate, due to a variety of factors, such as small surface of the bearing, low
rotational speed of the shaft, little amount of lubricant, high applied load. The
transition from the hydrodynamic lubrication occurs gradually. In the intermediate
stage hydrodynamic and boundary lubrication coexist, giving rise to the so-called
mixed lubrication.

Solid-film lubrication:

In this lubrication, a solid type of lubricant, such as grease or graphite is used
in applications where mineral oils cannot be used, or in cases where excessive heating
of the interacting components is present.

The most commonly used type of lubrication for journal bearings is the
hydrodynamic lubrication, and it will be presented in detail in section 2.2. It is also the
type of lubrication that is used in the experiments of the present Thesis.

2.2 Hydrodynamic Lubrication
2.2.1 Hydrodynamic lubrication theory (based on [1])

Hydrodynamic lubrication is the phenomenon in which two relatively moving
non-parallel surfaces are separated by a pressurized thin lubricating fluid film. A
simple converging slider is presented in Figure 2. The top surface (stator) is inclined at
a certain angle relatively to the bottom surface (runner). The space between the two
surfaces is filled with lubricant and moves with a certain velocity. During this motion,
a pressure field is generated in the fluid domain and the pressure gradient causes the
fluid velocity profile to bend inwards at the entrance of the wedge and outwards at
the exit. The generated pressure field has the ability to support a certain load applied
to the slider. The whole process of hydrodynamic lubrication can be described
mathematically, by making certain assumptions to the general Navier-Stokes fluid
equations.
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Pressure
— profile

Oil

Figure 2: Principle of hydrodynamic lubrication [1].

2.2.2 Mathematical approach-Reynolds approximation (based on [1])

Simplifying assumptions

As Stachowiak mentions [1], because of their complexity, the physical
processes in most engineering applications cannot easily be described by exact
mathematical equations. This is a result of the many interacting factors and variables
in real environments. Therefore, in order to derive the Reynolds equation a series of
simplifying assumptions of the equations have been introduced and are shown as
follows:

e Body forces are neglected

e Pressure is constant through the film thickness
e Noslip is assumed at the fluid-solid interfaces
e Lubricant behaves as a Newtonian fluid

e Flow is laminar

e Fluid inertia is neglected

e Fluid density is constant

e Viscosity is constant throughout fluid domain

The Reynolds equation is derived by considering the equilibrium of a small
element of fluid within hydrodynamic film and continuity of flow in a column.

Element equilibrium

The fluid element is in equilibrium, so the forces acting on both directions
balance each other, as shown in Figure 3. As a result, the following equation is valid
for the x-direction:

0T, dp
pdydz + (Tx = dz) dxdy = (p - dx) dydz + t,dxdy (1)
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which is equivalent to:

0T, dp
— T — 2
o dxdydz o dxdydz (2)

The element of fluid under consideration is not of zero volume, so both sides
of equation (2) can be divided by the value dxdydz and the equilibrium is expressed
by the following equation:

Jt, Op

" ox G

The second equilibrium condition can be derived by applying all the above for
the y-direction. The equilibrium equation for the y axis is:

9ty _%
0z ay

Z-axis corresponds to the film thickness direction. Therefore, pressure is
assumed constant in the film direction, which yileds:

(4)

dp
£ —0 5
37 (5)
The expression for the shear stress 7, is:
u Ju
= —_= —_— 6
=Ny =0y (6)

where:

T, is the shear stress acting on the x direction [Pa];
u is the velocity along the x axis [m/s]

n is the dynamic viscosity, [Pa-s]

The expression for the shear stress 7,, is:

v
Ty =Ny =ng- (7)

where:
T, is the shear stress acting on the y direction (Pa);
v is the sliding velocity along the y axis (m/s)

By substituting the above equations for the shear stresses 7, and 7,, in the
equilibrium equations we get:
9] 9  Jdu
P _Tndy (8)
dx Y9z "Iz
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—— =3 (9)
Considering a constant viscosity value throughout the fluid domain, the above
equations can be integrated twice, as the viscosity is not a function of z:

Ip z* (10)
57+Clz+62 =nu

As for the boundary conditions, an assumption of no slip at the solid
boundaries is made:

u=U,atz=0
u=U,atz=nh

Using the boundary conditions the constants C;and C, can be calculated, by
the following expressions:

n 9Yph (11)
Ci=WU; —-Uy))———=
C; =nU, (12)
Substituting C;and C, yields:
Ip z*2 nz 9phz
——+ U, —Uy))————+1nU, =
19x2+(1 Z)h 19x2+n2 nu (13)

The expression for the velocity u in the x direction is:

2 —zh\9
u=<Z z >_z+(U1 _U2)5+U2 (14)

Similarly, the expression for the velocity v is obtained by the following
expression:

_(Zh 19p+(V V)24V 1
v = 2 Ox 1 2)y 2 (15)

Each one of the three separate terms in the velocity equations represent the
velocity profiles across the fluid film.

26



(T + a—T‘ dz)dxdy

I
Jz :
I
dz: <+ (p+ a_p dx)dydz
pdydz ——> : PTas y
L_dax) .
- X
/d,y/ — T dxdy
/ -~
y

Figure 3: Fluid element equilibrium [1].

Continuity of flow in a column

The lubricant flows into the column horizontally at rates g, and g, and out of
9
the column at rates of (g, +%dx) and (qy ﬁiyydy) per unit length and width

respectively. The above expressions are for the horizontal direction of the flow of
lubricant.

For the vertical direction of the flow, the flow rate of the lubricant into the
column is expressed as wydxdy and out of the column as wy,dxdy , where:

e W, is the velocity at which the bottom of the column moves up and
e wy is the velocity at which the top of the column moves up

Following the principle of continuity of flow the influx of a liquid must equal its
efflux, then the following equation is valid:

_ V4, Uq,
qxdy + qydx + wodxdy = (g, + de dy +|qy + Wdy dx + wpdxdy  (16)

Since dxdy# 0 the above equation can be rewritten as:

g,  9qy
" W"’(Wh_wo)—o (17)

which is the equation of continuity of flow in a column.

In order to calculate the flow rates g, and q,, per unit length, an integration
of the lubricant velocity over the film thickness is required. The flow rate in the x
direction is equal to:
h3 9p

h
Qx——mﬁ‘l'(%—Uz)z (18)
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Similarly the flow rate in the y direction equals to:

Under the assumption that there is no local variation in surface velocity in the
x and y directions we get the full form of the Reynolds equation in three dimensions:

3 3
9 (h 19p>+ Y (h 19P> :6(U@+V@>+12(Wh—wo) (20)

9x\ 1 9x) " 9y \n 9y dx ' dy
w, dxdy
]
dq,
: (q_‘.+—q’ dy)dx
| | = dy
| _ -
dz! - aq,
q\dy T : h I > (q\+a_x dX)dy
/ |
| d
‘lydx/ d /)__'_5_ X
s ?
y w,dxdy

Figure 4: Continuity of flow in a column [1].

Solving Reynolds equation for pressure distribution, most of the critical
bearing design parameters can be evaluated by a simple integration, as shown below.

Pressure Distribution

The pressure distribution can now be derived by integrating the Reynolds
equation over a specific film shape. The film shape can be described by some function

h=f(xy).

Load Capacity

Load capacity can be calculated by integrating the pressure distribution over a
certain bearing area:

L (B
W = f f pdxdy (21)
0o Jo

Friction Force

In order to calculate the total friction force operating across the hydrodynamic
film, it is necessary to integrate shear stress T over the bearing area, as follows:

L (B
F = f f tdxdy (22)
0o Jo
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T=n— (23)

After substituting T in (22) and integrating the formula is set as:

F thdpd fBU”d 24
L= ) 2ax™ ) ™ (24)

Where (+) refers to the upper surface and (—) refers to the lower one.

Coefficient of Friction

Coefficient of friction is calculated as the ratio of the friction force to load
capacity:

F foL foBrdxdy

W= =" F (25)
W [, pdxdy

Lubricant flow

Lubricant flow can be calculated by integrating the flow expressions g, and q,,
over the two edges of the bearing:

L
Qx :f qxdy (26)
0

B
Qy =jo qydx (27)

Simplifications to the Reynolds equations

The original form of Reynolds equation is quite complex to be used in practical
engineering applications, so several simplifying assumptions can be made, suitable for
each different problem.

Unidirectional Velocity Approximation

In most engineering systems, journal bearings work in a way, that it can be
assumed that the velocity on one of the axes equals to zero, i.e. V=0. By assuming V=0
the Reynolds equation equals to:

o (B op +19 h° o —6Udh+12( ) 28
Ix\n9x) Iy\ndy) ~ dx Wh = Wo (28)
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Steady film thickness approximation

Another simplifying assumption is to assume that the distance between the
two surfaces remains constant through the operation, so that there is no vertical flow
across the film, i.e. wy, —wy = 0. This is a quite inaccurate assumption as in most
bearings the vibration that is developed, make the distance of the operating surfaces
to vary. Despite that fact, assuming that the vertical flow equals to zero gets:

9 (h39p +19 h3 9p _6Udh 29
Ix \ n Ix Iy\n 9y/) dx (29)

In this assumption the lubricant viscosity is considered to be constant over the
film, so that the thermal effects are neglected. So assuming that n=constant the
Reynolds equation equals to:

9 (h3 ﬁp) N 9 (h3 19p) . dh
Ix 9x/ Oy 9y) 77dx (30)

Isoviscous approximation

Infinitely long bearing approximation

In order to further simplify the Reynolds it is assumed that the pressure
gradient along the y axis can be neglected, i.e. ﬁp/ﬁy = 0and h # f(y). In order to

do so it is assumed that the bearing is infinitely long in the y axis direction. This
assumption reduces the Reynolds equation to a one dimensional form:

Y <h3 ﬁp) . dh
9x ' vx) T 7 M ax (31)
Integrating the above equation gives:
dp
h3— =6Unh +C
dx nn + (32)

In order to solve equation (32) a boundary condition is needed. So, it is
estimated that there is maximum pressure at some point along the lubricating film,

and therefore the pressure gradient there equals to zero, i.e. dp/dx = 0 and the

corresponding film thickness is denoted as h. Now the boundary condition is:

dp

= 0 at h = h, and is shown in Figure 5.
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Figure 5: Boundary condition in the infinitely long bearing approximation [1].

Substituting the boundary condition to the equation (32) gives:
C = —6Unh
! (33)

So the final form of the Reynolds equation for the infinitely long bearing

approximation equals to:

dp—euh_ﬁ 34
dx h3 (34)

The pressure distribution for the infinitely long bearing approximation is

shown in Figure 6.

Figure 6: Pressure distribution in the infinitely long bearing approximation [1].
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Narrow bearing approximation

This approximation is the opposite of the infinitely long bearing
approximation. In this approximation it is assumed that the pressure gradient along

the x axis is much smaller than the y axis i.e. 19P/19x « ﬁp/ﬁy and h # f(y), as shown

in Figure 7. This approximation came in use as new short bearings were introduced for
use into internal combustion engines.

Figure 7: Pressure distribution in the narrow bearing approximation [1].

For the narrow bearing approximation L<«B and ﬁp/ﬁx K ﬁp/ﬂy' so the first

term of the Reynolds can be neglected and the equation equals to:

9 (h3 19p) - dh
Jy Jy il dx (35)
Since h # f(y):
d’p 6Undh
&7 TR (30)
Integrating (36) results in:
dp 6Undh
- max’Ta (37)
Integrating (37) gives:
6Un dh y?
P="3 gz TOY+E (38)

The boundary conditions for this case are:

— —— b _ —
p—Oaty—i2 and dy—Oaty—O
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Substituting the boundary conditions into (37) and (38) results in:

c;=0
' (39)
_ —3Undh L? 40
27 Rh3 dx 4 (40)
So, the pressure distribution equals to:
_3Undh ., L7 .
P="73 50— (41)

At this point it should be noted that the infinitely long bearing approximation
is used for bearings with L/D>3, while the narrow bearing approximation is used for
bearings with L/D<1/3. For intermediate ratios of 1/3<L/B<3, the solutions that are
applied are the computed ones for finite bearings.

2.3 Journal bearing calculation
2.3.1 Overview (based on [1])

The Reynolds equation that is used for the journal calculation is the isoviscous
approximation, found in equation (30):

) Idp ) Ip dh
(D) o1 = eun
ﬁx( Yx +19y Jy 1

In order to solve equation (30) some boundary conditions are needed to be
applied. For the better understanding of the boundary conditions a depiction of an
unwrapped journal bearing is shown in Figure 8.

] D

- X
0

=0
=0
Figure 8: Depiction of an unwrapped journal bearing [20].
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The three most common boundary conditions are:

Full-Sommerfeld boundary condition: It is the simplest of the boundary
conditions, by assuming that the pressure equals to zero at the edges of the wedge.
Full-Sommerfeld condition cannot be applied in real life, as the predicted load capacity
is zero, because of the opposing negative and positive pressures that are developed
in the hydrodynamic film region.

Half-Sommerfeld boundary condition: In the Half-Sommerfeld boundary
condition negative pressures in the fluid domain are neglected (set to zero). So in this
case, pressure remains constant (zero) in the diverging region of the hydrodynamic
film.

Reynolds boundary condition: In order for the estimation of load capacity,
bearing friction and lubricant flow rate to be accurate, the Reynolds boundary
condition is commonly used. Reynolds suggested that negative fluid pressure should
be set to zero, and at the boundary between zero and non-zero pressure, pressure
gradient dp/dx should also be zero. The corresponding pressure distribution is shown
in Figure 9.

The Reynolds boundary condition is the one that is used in the present work, having
been used in the numerical approach of the journal bearing.
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Figure 9: Reynolds boundary condition and pressure distribution [1].
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2.3.2 Journal bearing geometry (based on [1],[2],[17])

In order to mathematically approach the journal bearing operation, it is initially
essential to understand its geometry. The journal bearing has a radius R;, while the
journal (shaft) has a radius R,, as shown in Figure 10.

Figure 10: Bearing geometry [1].

In Figure 10 Ogp is the center of the bearing. Due to the radial load, the shaft is
eccentric with respect to the bearing, with its center lying on Os. The journal rotates
with a tangential velocity U. The film thickness around the shaft is symbolled as h; at
some point h exhibits its minimum value h,,;,. The relative position of the shaft to
the bearing is defined by distance Oy O, which is called eccentricity e and by angle o,
which is called attitude angle, and is the angle between the y-axis and the line of
centers Og and Os. To calculate the variation of film thickness the triangle Op OsA, of
Figure 10 is shown in detail in Figure 11.

S

Figure 11: Details of geometry for the evaluation of film shape in journal bearings [1].

Observing Figure 11, the following geometric expressions can be derived:
OSA = Osc +CA= OSB+BA (43)
Or OsA =ecosB+ R cosa= R,+h (44)

35



Thus:
h=ecos®+ R, cosa- R, (45)

Applying the sine rule to (45) gives:

e R . e .
— =—L =>sina=—sin® (46)
sina sin® R4

Knowing that cosa=v1 — sin2a=J1 - (Ri)zsinzﬁ and Ri «1=>cosa=1, then:
1 1

h=¢-cos(8)+R,—R, =e-cos(0) +c¢ (47)
where:

c is the clearance, i.e. the difference between the radii of bush and shaft (R; — R;),
or:

h=c-(1+¢-cos(0)) (48)
where:

€ is the eccentricity ratio, i.e. the ratio of eccentricity to clearance (e/c). The
above equation describes the film geometry in journal bearings with an accuracy
within 0.1%.

2.3.3 Journal bearing calculation using Khonsari equations (based on

[1),[17])

For an initial estimation of journal bearing operation, the Khonsari method is
a staple choice. Based on the results of Table 1 the Sommerfeld number S, the leakage
and inlet flow rate Q;and Q;, the minimum film thickness h,,;,, the friction force F,
the power loss E),, and the temperature rise AT can be calculated for given eccentricity
of the bearing. Table 1 presents non-dimensional values. The dimensional values for a
real application can be calculated using eq. (49)-(55).
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Table 1: Performance parameters for journal bearing with L/D=1

€ S 61 ai (R/C)f ﬁmax emax ¢ ecav
0.05 2.7019 | 0.0807 | 1.0375 | 53.4294 | 0.6823 99 82.18 213
0.1 1.3302 | 0.1608 | 1.0739 | 26.4433 | 1.3923 105 | 79.40 213
0.15 0.8674 | 0.2405 | 1.1092 | 17.3945 | 2.1543 111 | 76.63 213
0.2 0.6319 | 0.3196 | 1.1434 | 12.8298 | 2.9958 117 | 73.86 213
0.25 0.4876 | 0.3981 | 1.1766 | 10.0627 | 3.9506 120 | 71.06 210
0.3 0.3889 | 0.4763 | 1.2087 | 8.1896 5.0587 126 | 68.25 210
0.35 0.3164 | 0.5540 | 1.2396 | 6.8293 6.3708 129 | 65.42 210
0.4 0.2604 | 0.6312 | 1.2696 | 5.7900 7.9610 135 | 62.56 207
0.45 0.2156 | 0.7080 | 1.2985 | 4.9619 9.9301 138 | 59.65 207
0.5 0.1786 | 0.7847 | 1.3262 | 4.2824 | 12.4168 141 | 56.69 207
0.55 0.1475 | 0.8608 | 1.3529 | 3.7103 | 15.6406 | 144 | 53.65 204
0.6 0.1209 | 0.9368 | 1.3785 | 3.2167 | 19.9477 147 | 50.52 204
0.65 0.0979 | 1.0123 | 1.4030 | 2.7829 | 25.9119 | 150 | 47.27 204
0.7 0.0778 | 1.0877 | 1.4264 | 2.3933 | 34.5708 | 156 | 43.83 201
0.75 0.0601 | 1.1628 | 1.4487 | 2.0370 | 47.8929 159 | 40.19 198
0.8 0.0445 | 1.2377 | 1.4697 | 1.7017 | 70.2402 162 | 36.20 198
0.85 0.0308 | 1.3126 | 1.4893 | 1.3785 | 112.9514 | 165 | 31.72 195
0.9 0.0188 | 1.3864 | 1.5100 | 1.0511 | 215.5045 | 168 | 26.40 192
0.95 0.0084 | 1.4598 | 1.5277 | 0.6896 | 627.8011 | 171 19.32 189

Sommerfeld number

Sommerfeld number is a dimensionless parameter, characterizing bearing
performance. It can be calculated using the following equation:

where:

e pisthe lubricant viscosity (Pa- s)

S

w

e N, is the rotor angular velocity (RPS)

e Disthe bearing diameter (m)

e [ isthe bearing length (m)

W is the applied load (N)

e Ris the bearing radius (m)

e cisthe bearing clearance (m)

_ INsDL R,

c

(49)

With the Sommerfeld number and the bearing geometrical characteristics
known, eccentricity ratio can be evaluated from Table 1 that contains the numerical
solutions for plain 360°%journal bearings, characterized from L/D=1. Results for
different values of L/D can be found in [2].
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Leakage flow rate

Knowing the dimensionless parameter Q, from Table 1, the leakage flow rate
of the lubricant can be calculated using the following equation:

- TT
Qu = Qu(;)NsDLe (50)
Inlet flow rate

Knowing the dimensionless parameter Q; from Table 1, the inlet flow rate of
the lubricant can be calculated using the following equation:

Qi = GiG;)NsDLe (51)

Minimum film thickness

Minimum film thickness can be calculated by the following equation:
hmin = c(1 —¢€) (52)

Minimum film thickness is a crucial performance parameter of the bearing, as
it determines the proper functionality of the bearing. This can be done, by checking
the minimum film thickness with the minimum allowable film thickness based on a
specified surface finish.

Friction force

By knowing the dimensionless parameter (R/c)f from Table 1, friction
coefficient u can be calculated. At a next step friction force can be calculated using the
following equation:

F =uWw (53)
Power loss
Power loss (W) of the bearing can be evaluated as:
E, = F2nRN; (54)

Temperature rise

The temperature rise of the lubricant during operation of the bearing can be
calculated from the following equation:
E

AT = —2
pCpQL

(55)

where:

® ¢, is the thermal capacity of the lubricant (J/(kg-K))
e p isthedensity (kg/m?3)

From Table 1, additional bearing performance parameters can be evaluated,
such as angle 0,,,, at which the maximum pressure occurs, angle 6.,, where
cavitation starts and dimensionless maximum pressure P, ax-
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2.4 Surface treatment methods for friction reduction
2.4.1 Hydrophobicity (based on [18], [19])

The characteristics attribute of hydrophobic surfaces is their physical property
of repelling water, because the molecules of these surfaces tend to be non-polar and
as a result they prefer other neutral molecules. This physical property results in very
low friction between the liquid and a hydrophobic surface, thus allowing the liquid to
slip over the surface. One of the principal parameters that characterizes surface
hydrophobicity is the high contact angle, that water droplets exhibit on hydrophobic
surfaces, as shown in Figure 12.

Contact Contact
angle angle /

Greater than 90 Lesser than 90°

Figure 12: Contact angle in hydrophobic and hydrophilic surfaces.

Today, it is possible to construct hydrophobic surfaces in laboratory
environments. These surfaces have found use in many industrial applications. As
stated earlier, hydrophobicity of a surface can be measured by the shape of a droplet
when placed on it. The corresponding parameter is the contact angle between the
droplet and the surface.

Reynolds equation assumes non-slip conditions on the fluid-solid boundary,
meaning that the fluid velocity next to the wall boundary is equal to the wall velocity.
On the other hand, concerning hydrophobic surfaces, proper slip condition in the fluid-
soild interface must be considered, taking into consideration that the fluid next to the
wall boundary has a different velocity than that of the wall. Fluid velocity at the
interface with a hydrophobic boundary depends on a property of the hydrophobic
surface, called slip length and it can be calculated using the equation below:

U, = (- 7) (56)

where,

T: the shear stress of the fluid on the fluid-solid interface
T.: the critical shear stress, above which slip occurs

n: fluid dynamic viscosity

bs: slip length
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As mentioned earlier, to define how much slippery a surface is when
interacting with a certain fluid, the slip length should be evaluated. Slip length is
defined as the imaginary length under the surface where fluid velocity would
extrapolate to zero. Sometimes, it is more convenient to use the non-dimensional slip
length, b*, which is defined as follows:

bs =b"- Hyep (57)

From Eq. (57) it derives that, b*, is defined in terms of a constant characteristic
geometry parameter of the bearing, Hres. For the journal bearing case this parameter
is the radial clearance, c. So by substituting in (57):

b* = bg/c (58)

Za U(Z)J
J

J

% Z
: b
|
v (a)

Figure 13: Velocity profile near the fluid-wall boundary with (a) no-slip condition and (b) slip condition

with slip length b [20].

2.4.2 Artificial surface texturing (based on [18], [19], [20], [21])

The term artificial texturing refers to the introduction of deterministic surface
micro-structure in the form of microscopic surface features. These features have a
repeatable pattern and a regular geometry, coming in the form of rectangular,
trapezoidal, cylindrical or spherical shapes, and are used in tribology in order to
improve the performance characteristics of lubricated contacts. This happens if
artificial texturing is applied properly, as it can have a beneficial effect by increasing
the boundaries of hydrodynamic lubrication and by increasing the hydrodynamically
generated pressure. Particularly, it contributes in two ways; firstly, it can trap debris
that can damage the surfaces in contact, and secondly by acting as a lubricant
reservoir, providing oil, especially in mixed lubrication conditions.

In order to evaluate the effects of surface texturing on hydrodynamic
lubrication two different approaches can be used. The first consists in solving the
Reynolds equation, which is simple and less time-consuming, whereas the second is
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concerned with the use of the Navier-Stokes equations; this approach is more
accurate, but requires extended computational resources.

Modern such as laser micro patterning advances have enabled more accurate
manufacturing of texture patterns, finding use in journal bearings among others. The
concept of texturing is illustrated in Figure 14, representing an example of a surface
textured with rectangular dimples.

Texture cell length
D

[ ] L]
dimple >
depth dimple length

Figure 14: Sketch of a two dimensional geometry of a parallel slider with artificial surface texturing.
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3 Numerical simulations — Optimization of bearing
performance

3.1 Bearing calculations (based on [2])

An example will be used, to show the process with which the journal bearing
performance parameters are evaluated. All the equations used below have already
been presented in chapter 2.

Table 2: Main dimensions of the studied bearing

Length (mm) Diameter (mm) Radial clearance (mm)

30 30 0.050

The main geometric parameters of the bearing are presented in Table 2. The
rotor is running at 1000 RPM (=16.667 RPS) and the external vertical load is 1000 N.
Bearing clearance has been selected as 50 um, following the steps below:

First, the mean pressure of the bearing is calculated:

p = 1000N 19N/ mm? —1.11MPa

“L-D 30mm-30mm

From

Table 3, for p,, = 1.11 MPa and N=1000 RPM, the value for the % is1.4. So for D=30

mm, the clearance is estimated as 0.042 mm. For manufacturing reasons radial

clearance is selected to be 0.050 mm, so ¥ = % = M =0.0033.

Table 3: Selection of radial clearance (c/d x1000)

. Rotational speed
Conditions Low Medium High
P low 0.7-1.2 1.4-2.0 2-3
D, high 0.3-0.6 0.8-1.4 1.5-2.5

Sommerfeld number can be now evaluated. For the purposes of this example,
the lubricating oil is considered to be Makita Hochleistung-Zweitakt-Motorél 50:1with
inlet temperature 40 °C (313 K) and a dynamic viscosity of 0.026 Pa's (or else 26 cps),
as shown in Table 6. So, the Sommerfeld number according to Eq. (49) equals to:
nNsDL R, 0.026-16.66-30 - 30 15

S=w G 1000 @05

)2 = 0.3510
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From Table 1 using linear interpolation, the following values can be calculated:

Table 4: Khonsari parameters for linear interpolation

S € Ql Qi (R/C)f ﬁmax emax () ecav

0.0445 0.8 1.2377 | 1.4697 | 1.7017 | 70.2402 162 36.2 198

0.0351| 0.834| 1.29 1.48 1.48 99.55 164.06 | 33.13 | 195.94

0.0308 | 0.85 | 1.3126 | 1.4893 | 1.3785 | 112.9514 165 31.72 195

The remaining bearing performance parameters can be evaluated, as follows.
Minimum film thickness can be calculated using Eq. (48):

Rpin = 0.050 mm - (1 — 0.834) = 0.00828 mm = 8.28 um.

According to Table 2 the necessary surface finish for the journal bearing is
either 0.1-0.2 um or 0.2-0.4 um.

Table 5: Allowable minimum film thickness [2]

Surface finish? Description Examples of Allowable minimum

(center line avg. R,) of surface manufacturing film thickness

pum in. methods pmm pin.

0.1-0.2 4-8 Mirror-like surface Grind, lap, 2.5 100
without toolmarks superfinish

0.2-0.4 8-16 Smooth surface Grind and lap 6.2 250

without scratches,
close tolerances

04-0.8  16-32 Smooth surface, Grind and lap 12.5 500
close tolerances

0.8-1.6  32-63 Accurate bearing Grind, precision 25 1000
surface without mill, and fine
toolmarks tuning

1.6-3.2  63-125 Smooth surface without Shape, mill, 50 2000
objectionable toolmarks,  grind, and turn

moderate tolerances

2
a, bearing

@ Average Combined conjunction roughness R, = 0.5 (R? +R

- ) (see Chapter 3).
Source: ESDU (1967), Hamrock (1994).

As far as the lubricant supply arrangement is concerned, various methods for
distributing lubricant within a journal bearing exist, from a supply hole at the inlet to
a variety of grooves cut into the bearing internal surface. In the present example the
supply hole is placed inside an inlet port at the bearing midplane, opposite to the load
line (8= -¢), as shown in Figure 15.
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D

+90°

L e -

-180°
Figure 15: Supply hole position at d=-(i [2].

Leakage flow rate Q; and inlet flow Rate Q; can be calculated using Eqgs (50)
and (51):

Q,=1517.905 mm?3/s=1.283 gr/s
Q;=1746.4 mm3/s =1.47gr/s.

These values are rough estimates; more accurate values can be calculated
following the problem below:

f, =0.834-0.7807 = 0.6514

Following Khonsari ([2], section 8.15, p. 235), leakage flow can be calculated
asQ_=f_-z-L-D-N,-c, Where f; is a correction factor. In the present example, the oil

hole is positioned in the unloaded section of the bearing, opposite to the load line so:
fL =& flr

1.9
where f —=1-0.22-(L/ D)"°-0.834°% =1—o.22% -0.843%% = 0.7807

Therefore f, =0.834-0.7807=0.6514.
Q_ =0.6514-7-30-30-16.667-0.050=1534.1 mm?/s

In order to determine the pressure-induced flow Qp, specification of the

position, geometry, and supply pressure at the inlet port is required. The used
equation in this case is the following:

Q, =, _(th)s, P,-c’ , Where PS is the supply pressure, which in our case is set to 2 bar,

and /4 is the lubricant viscosity at the inlet temperature. Parameter fg is a function
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of the oil hole and ?g is the non-dimensional film thickness at the inlet port. The

parameter fg can be determined as follows:
DH 175
f, =0.0675-(—*+0.4)"",
L
where D,; is the diameter of the inlet hole and is set at 4mm.

Therefore, f, =0.0675- (3%) +0.4)"" =0.22467

. . h h
Film thickness parameter (%) equals to (-2) :(1+g.cos¢3):(1+0,843.COS(33,13)3):0_373
c c

The supply pressure is set at 2 bar=200000 Pa, therefore, pressure-induced
flow equals to:

200000-0.050°
0.026

Q, =0.2247-0.373- =81.58 mm’/s

Total leakage can be calculated using the following equation:
Q, =Q +Q,-0.3\/Q, -Q_=1509.55 mm?*/s

For an oil hole positioned in the unloaded section of the bearing, opposite to
the load line:

Quuw =Q Qs °, where $'=0.6 for an oil hole of diameter p =4 mm and for

D, /L =0.1-0.25 (in our example D /L=0.133). So the corrected total leakage equals to:
Qo =469.85mm’ / s =28191.2mm* / min = 28.91ml / min .

The density of the lubricant is known at 40 °C (313 K) and is p=0.8454 gr/cm3.

The above calculations were used to estimate total oil leakage. In our example,
we assumed that oil was to be fed at a pressure of 2 bar.

Friction coefficient is estimated from Table 1. For £=0.843 we have

(B) f =1.48, therefore f = 1.48-% = 1.48-%:0 =0.004933. Power loss is evaluated
c

using the following expression:
E.=FU=f -W-(Zﬁ-R-NS):7.745\N.

From the definition of thermal diffusivity we have pc. —k/a =1.28ws/(m*k) -Therefore,
oil temperature rise is estimated to be

E

T=———F -128K-
( p- Cp : QL,totaI)
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3.2 Multiobjective optimization and Pareto front (based on [22], [23],
[24],[26])

Genetic algorithms are numerical search tools that are to find the global
maximum or minimum of an objective function. The objective function may be of one
or more variables and subject to various constraints. Genetic algorithms mimic the
process of natural selection, during their solving process, by using a set of binary digits,
1 and 0, called chromosomes. For every argument of the objective function, each
string is divided in various substrings that have a certain length. In a relevant manner
chromosomes are divided into genes. The total number of genes form the genotype
of the chromosome.

In order for the genetic algorithm to start the solving process an initial
population of chromosomes is created by randomly allocating the bits of all the
strings. After that the genetic algorithm uses the chromosomes to create an
arrangement of populations. The individuals of the current generation are the parents,
and after undergoing certain operations they produce the individuals of the next
generation, called the children. It must be noted that some parents are moved to the
next generations intact. The solving sequence of the genetic algorithm is that at every
step, the previous population uses its strings in order to create a new population that
would probably have a better mean fitness value and it continues until a termination
criterion is reached. The string manipulation depends on selecting various pairs of
chromosomes and then mating them in order to use the newly created chromosomes
for the formation of the next population. This selecting and mating process of the
chromosomes is based on four fundamental operations: reproduction, crossover,
replacement and mutation. All of the mentioned operations are based on random
sampling.

Crossover is the operation that exchanges genes between the chromosomes
of the two parents, usually in a random manner. Thus, the produced child can have
genes from both parents; the basic concept of crossover can be visualized in Figure
16.

Parents Children

0001101001 1 1] 000110101100

|

|

|

|

|
110011001100 11001100011 1]

Figure 16: Crossover operation [26][25].
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Mutation operation offers the advantage of preserving genetic diversity,
resulting in surpassing local maxima. It is achieved by randomly altering the bit strings
with a certain probability. The basic concept of mutation can be seen in Figure 17.

1 1 0 1 1
Mutation¢

Figure 17: Mutation operation [26].

A genetic algorithm is used because it offers certain advantages over other
optimization methods. One of these advantages is that genetic algorithms do not
manipulate the parameters of the optimization problem themselves, but instead they
use coded versions of the problem parameters. A second advantage is that while other
methods use a single point to search, genetic algorithms always search on a whole
population of points. This search technique minimizes the risk of the genetic algorithm
to be trapped in a local stationary point, thus improving the chance of finding the
global optimum. To this end, a higher value of mutation probability could further
increase that chance, but not a too high one, because the good characteristics of the
generations would be eventually lost. A third advantage that genetic algorithms
provide is that they can be applied to almost every kind of continuous or discrete
optimization problem.

To continue with the analysis of genetic algorithms, many modern problems
come with two or more objectives that require optimization. These multiple objectives
may be contradicting but at the same time they have to be optimized simultaneously.
In this case, the concept of multiobjective optimization is used. While in single
objective optimization problems the search space is well defined, in multiobjective
optimization problems the search space is partially ordered, since instead of a single
optimal solution, there is a group of possible ones, and the final solution will be
obtained by eventually choosing one of them, depending on the external constraints
of each problem.

In multi-objective optimization problems, a vector of design variables X is
sought, which satisfies m constraints (included in a vector §) and minimizes a vector

f, with k objective functions. An optimization problem can thus be formulated as
follows:

min f(2) = (@), &), o, fu @)
X €eX={x eR"}
g;(®)<0,j=1,..,m

Objective and constraints functions are functions of the design variables:

{ i) = filxy, %z, 0, xp),i =1, ...,k }

g9;i(%) = gj(x1, %3, ., xp),j = 1,...,m
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In multi-objective minimization methodologies, we commonly seek Pareto
optimal (or dominant) solutions, as shown in Figure 18. A solution X, is defined as
dominant over X, when:

i) < fi@G)Vi=1,.. kand
fi(@) < fi(xx)33i=1,..,k

O Pareto Dominant Solutions
| @ Dominated Solutions

|

C--- o

O-- ®

Figure 18: Sketch of Pareto front for a case with two objective functions.

The collection of all non-dominated solutions is the Pareto front, shown in Figure 18
for the case of two objective functions (k=2).

3.3 Numerical approach-reference case (based on [25], [26], [27], [28])

For the numerical purposes of the present study, an in-house code was used,
developed in [20]. The code is used to evaluate the performance indices of a journal
bearing under steady-state or transient loading. In order to run a certain simulation,
the following input information must be filled in in the appropriate input.txt file.

e Journal bearing dimensions: length L, diameter D, radial clearance ¢
e Rotational speed: N
e Lubricant viscosity: n

e Vertical / Horizontal load: P,,P,
e Gridsize: Dy /Laiy
There are also several options concerning the selection of the appropriate
solver for each different problem. More specifically, an option exists to replace the

classic Reynolds equation solver with the Reynolds solver appropriately modified to
account for slip-wall boundary conditions.
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The output results for a typical steady-state solution are as follows:

e Sommerfeld Number, S

e Dimensionless eccentricity ratio, €
e Attitude angle, @

e Non-dimensional Load Capacity

e Normalized friction Coefficient, f
e Vertical Load [N]

e Horizontal Load [N]

e Maximum Pressure [Pa], Pmax
e Minimum film thickness [m], h;,
e Inlet Flow rate, [It/min], Non-dimensional value, Qi

e Side Flow rate leakage, [It/min], Non-dimensional value, Q|

e Power loss [kW], E
e Friction torque [KN-m]

Here the bearing geometric characteristics are that of Table 2. The numerical
approach took place for 3 separate steady loads, namely 200 N, 500 N and 1000 N.
The rotating speed of the shaft was considered constant; two different values namely
500 RPM and 1000 RPM have been considered.

For the lubrication of the bearing the lubricant oil that was taken into
consideration is the Makita Hochleistung-Zweitakt Motord6l 50:1, and is the lubricant
that is used in the experimental measurements. The lubricant temperature is set to
40°C with a density of 0.8454¢/cm?. All of its properties are shown in Table 6.

The bearing used for the numerical simulations had its main dimensions set as
close to the real bearing as possible. Also the combination of the applied loads and
rotational speeds were set to be as close as possible to the relative combinations that
would take place during the experiments.

Table 6: Lubricating oil Makita Hochleistung-Zweitakt-Motordl 50:1. Dynamic viscosity, kinematic viscosity
and density at 20°C, 30°C, 40°C and 100°C

Temperature (°C) Dynamic viscosity | Kinematic viscosity Density (g/cm?)
(mPa-s) (mm?/s)
100 5.3015 - -
40 25.765 30.476 0.8454
30 48.095 40.975 0.8520
20 81.374 69.808 0.85
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3.3.1 Mesh study

A mesh study is conducted in order to decide the number of the numerical grid
points along the x (circumferential) and y (axial) directions. A variation of different grid
sizes has been examined, and the computed dimensionless eccentricity ratio and
normalized friction coefficient are compared to those corresponding to a very fine
grid, here being 301x301 grid. The chosen grid sizes are: 11x11, 21x21, 51x51, 101x101
and 201x201.
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Figure 19: Mesh study of the plain journal bearing at 1000 N load and rotational speed of the shaft at 1000
RPM. The parameters evaluated are: normalized friction coefficient 'f’', dimensionless eccentricity 'U and
their percentage difference from those corresponding to the maximum grid size.
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Figure 20: Mesh study of the hydrophobic journal bearing at 1000 N load and rotational speed of the shaft at
1000 RPM The parameters evaluated are: normalized friction coefficient 'f', dimensionless eccentricity "U
and their percentage difference from those corresponding to the maximum grid size.
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Figure 21: Mesh study of the textured journal bearing at 200 N load and rotational speed of the shaft at 1000
RPM. The parameters evaluated are: normalized friction coefficient 'f*, dimensionless eccentricity 'O and
their percentage difference from those corresponding to the maximum grid size.

From Figure 19-Figure 21 it is clear that grids larger than 101x101 points
generate an infinitesimally different result, so the grid size of 101x101 points along
both directions is selected, without adding any significant error and at the same time
greatly reducing the computational time.

3.3.2 Steady state

The bearing with plain (conventional) and textured surfaces was tested for
different applied loads (200 N, 500 N, 1000 N). The plain bearing cases were used as a
reference case, for optimizing the bearing surface texturing. The bearing performance
indices that are used for optimization are the dimensionless eccentricity ratio and the
normalized friction coefficient. So, the reference cases for the applied loads are
presented in the following tables:

Table 7: Reference cases of plain bearing for rotational speed of 1000 RPM and applied loads of 200 N, 500
N and 1000 N.

Reference Case 1 5 3
No.
Applied load (N) 200 500 1000
Rotational speed
(RPM) 1000 1000 1000
Dimensionless
eccentricity ratio 0.5048 0.721 0.834
Normalized
friction coefficient 4.223 2.242 1.485
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Table 8: Reference cases of plain bearing for rotational speed of 500 RPM and applied loads of 200 N, 500 N
and 1000 N.

Reference Case 1 5 5
No.
Applied load (N) 200 500 1000
Rotational speed
(RPM) 500 500 500
Dimensionless
eccentricity ratio 0.675 0.834 0.906
Normalized
friction coefficient 2.588 1.485 1.015

3.4 Numerical simulations and optimization of the bearing performance
(based on [18], [25], [26], [27], [28])

The bearing solver described in section 3.3 was coupled with a two-objective
optimization code using the Matlab built-in optimizer.

As mentioned in the introduction, two surface treatments are studied and thus
bearing optimization is conducted separately for artificial texturing and
hydrophobicity at parts of the interacting surfaces.

Concerning artificial texturing, seven (7) optimization design parameters have
been selected:

1. start x is the angle at which texturing starts on x axis (circumferential
direction)

2. end x is the angle at which texturing ends on x axis (circumferential direction)

3. density_x is the density of the surface that contains textures along x axis
(circumferential direction)

4. start_y is the non-dimensional value of the bearing length at which texturing
starts on y axis (axial direction)

5. end_y is the non-dimensional value of the bearing length at which texturing
ends on y axis (axial direction)

6. density_y is the density of the surface that contains textures along y axis (axial
direction)

7. depth is the depth of the textures in both axis

N, N, are the number of dimples in the x-axis (circumferential direction) and y-axis
(axial) directions, respectively (their values are constant for each textured bearing)
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All of the optimization parameters are shown in Figure 22.

Texture cell
y A dimple D"?Pb ;
iy LI C— / ........... '
i
endy P - s Rkt B
mlololt / 0|
o|lo|lo|o|oi]
olo|lo|o|oil!
o|o|lolo|o
olo|lo|loloi]
starty  ALCEETEE EETEEEEE N..ﬂ,w,......“....vT %

x=0 x=nD x
8=0 | 6=2n
startx
endx

Figure 22: Design parameters of the textured journal bearing.

Density x and density y are defined as the ratio of the dimple length to the texture cell
length along the x and y axes, respectively, as seen in Figure 14. The depth of each
dimple is also shown in Figure 14.

For the hydrophobic bearings, 4 design parameters are taken into
consideration:

1. slip_start_angle is the angle at which hydrophobicity starts on x axis
(circumferential direction)

2. slip_end angle is the angle at which hydrophobicity ends on x
axis(circumferential direction)

3. slip_start_y is the non-dimensional value of the bearing length at which
hydrophobicity starts on y axis (axial direction)

4. slip_ end _y is the non-dimensional value of the bearing length at which
hydrophobicity ends on y axis (axial direction)

The design parameters of the hydrophobic bearing are shown in Figure 23.
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Figure 23: Design parameters of the hydrophobic journal bearing.
The optimization will take place for combinations of two parameters:

e the applied load to the bearing, with values of 200 N, 500 N and 1000 N
e the rotational speed of the shaft, with values of 500 RPM and 1000 RPM

The optimization aims at minimizing the normalized friction coefficient and at
maximizing lubricant film thickness, with the latter being equivalent to minimizing
dimensionless eccentricity ratio. The expressions for calculated normalized friction
coefficient and dimensionless eccentricity ratio are presented hereafter:

L B
F_ Jo Jy tdxdy

o = () e = = L

® h=c-(l—e), Where g:E
C

As stated earlier, optimization is performed for two surface treatments, that
of artificial surface texturing and hydrophobicity. Regarding artificial texture patterns,
four different types of journal bearings of the same principal dimensions have been
evaluated: (a) a pocket bearing (one texture cell in the circumferential dimension and
one texture cell in the axial direction, 1x1), (b) a bearing with five circumferential
grooves (c) a bearing with five radial grooves (1x5) and (d) a bearing with rectangular
dimples (five textures cell in the circumferential dimension and five texture cells in the
axial direction, 5x5). The same process will be conducted for bearings with
hydrophobic surfaces. Two different types of hydrophobic surfaces have been
evaluated: (a) hydrophobic surfaces with slip length b*=0.1 and (b) hydrophobic
surfaces with slip length b*=1.
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To this end, a main Matlab script, initiating the optimization procedures, and
two separate Matlab functions, each one for a different surface treatment were
developed, both calling the same executable file (bearing solver, section 3.3), but with
different input data.

The built-in Matlab function that finds minima using a genetic algorithm is the
gamultiobj function.

[x,fval] = gamultiobj(FitnessFunction,numberOfVariables,[],[1.[].[].LB,UB,options);

Specifically it finds the Pareto front (section 3.2) of the objective function
FITNESSFCN NVARS is the number of design variables, as they have been described
in section 3.4. The fitness functions that are used are bearing_20bj_Fun_Textures for
the artificial texturing case and bearing_20bj_Fun_Slip for the hydrophobic case. The
number of variables is set as 7 and 4 for artificial texturing and hydrophobicity,
respectively. Linear equalities and linear inequalities have not been used in our case,
so a symbol of [] has been used. Boundary constraints for both cases are shown in

Table 9 and Table 10.

Table 9: Upper and lower boundaries of the parameters for textured surfaces.

Dt::ixgtr;fea‘:abr:ae:; rgior Lower Boundary Upper Boundary

start_x (deg) 10 105
end X (deg) 105 200

density x 0.2 0.8
start_y (deg) 0.02 0.4
end_y (deg) 0.6 0.98

density y 0.2 0.8

depth (um) 5 90

Table 10: Upper and lower boundaries of the parameters for hydrophobic surfaces.

hy dl:'zt:hrgz:?:utcf’;ces Lower boundary Upper boundary

slip_start_angle (deg) 10 105

slip_end_angle (deg) 105 200
slip_start_y 0.1 0.4
slip_end_y 0.6 0.9
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Specific options for the genetic algorithm can be created with the gaoptimset
function, an example of which is shown just below:

options="gaoptimset('PlotFcns’, {@gaplotpareto,@gaplotscorediversity},'Generations
",40,'PopulationSize',40) .

Parameter 'PlotFcns’is used to plot various quantities during simulation and in
our case it plots two quantities: @gaplotpareto and @gaplotscorediversity, where
gaplotpareto plots a Pareto front for the two objectives, and gaplotscorediversity plots
a histogram of the scores of the current generation. The other two parameters are the
generations and populationsize, which state the maximum number of generations
allowed and the number of individuals each generation contains, respectively. In our
case both parameters are set to be 40, which means a maximum size of 40
generations, with 40 individuals in each generation.

There is also the option to select a certain criterion, that when met the
optimization loop stops. In our case, a total amount of 40 generations was used, and
each generation contained a population of 40 individuals. So, in total, each
optimization problem required a total of 1600 different solutions. Each solution is
saved in a text file, so after each different case is solved, it can be accessed and
processed, accordingly.

The only disadvantage found by using the above Matlab functions, is that the
Pareto front was only generated as a Matlab .fig file, and that there was no method
to distinguish the non-dominant solutions from the total amount of solutions, 1600 in
our case, and save them in a separate text file for further use, followed by their
respective geometry (set of design variables). Therefore, an external Matlab function
is called after the creation of the Pareto-optimal set, in order to access the Pareto
points values and write them in a text file. After that, with the Pareto point values of
dimensionless eccentricity ratio and normalized friction coefficient fully known, it is
feasible to assign each solution to its respective geometry.

The above solving process using Matlab is depicted in Figure 24.
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Figure 24: Optimization procedure.

Finally, another Matlab script was utilized for post processing of the results. It
was used to visualize the fluid film geometry (film thickness, h), and to plot the

resulting pressure distribution, for bearing designs selected by the user.

3.4.1 Plain journal bearing: numerical simulations

In this section simulations for the plain journal bearing are performed, for
three representative values of vertical load, from 200 N to 1000 N and for two values
of rotational speed, namely 500 RPM and 1000 RPM. In Table 11, various operating
characteristics are presented in detail for the eight different considered loading

conditions.
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Table 11: Reference journal bearing design: Performance indices for different operating conditions of the

bearing.

Shaft speed, N

500 RPM

1000 RPM

Pz (N)

200

500

1000

200

500

1000

Sommerfeld
Number, S

0.08775

0.0351

0.01755

0.1755

0.0702

0.0351

Dimensionless
eccentricity
ratio, €

0.674783

0.83404

0.906141

0.504825

0.720992

0.834065

Attitude angle, ¢
(deg)

45.5885

33.2928

25.6792

56.4238

42.3855

33.2973

Non-
dimensional
Load Capacity,
W*

0.189957

0.474834

0.949957

0.0949668

0.237412

0.47483

Normalized
friction
Coefficient, f

2.58772

1.4846

1.01514

4.2233

2.24261

1.48473

Maximum
Pressure (Pa),

Pmax

578914

1.86039%e+06

4.55202e+06

494124

1.53489e+06

3.72152e+06

Angle of
maximum
pressure (deg),

Bmax

16.7885

15.2928

14.8792

16.8238

17.1855

15.2973

Minimum film
thickness (m),

hm in

1.62608e-05

8.29799e-06

4.69297e-06

2.47588e-05

1.39504e-05

8.29674e-06

Power loss (Kw)
(N)r Ep

0.0013551

0.00194334

0.00265844

0.00442263

0.00587101

0.00777397

Inlet Flow rate,
Non-
dimensional

value,ai

1.41861

1.48373

1.49966

1.32873

1.43584

1.48374

Side Flow rate,
Non-
dimensional

value, 61

1.05673

1.2926

1.38941

0.793735

1.12161

1.29186

Friction torque
(kN m), F

2.58805e-05

3.71151e-05

5.07725e-05

4.22319e-05

5.60599e-05

7.42304e-05

From Table 11, it is derived that minimum film thickness is directly related to
bearing load: an increase in bearing load results in decreased film thickness. On the
other hand, dimensionless eccentricity ratio increases with increasing bearing load.
Another important factor, namely the normalized friction coefficient behaves
equivalently to minimum film thickness. The above are shown in Figure 25 and in
Figure 26, in which the effect of rotor speed is also clarified: higher rotational speeds
lead to higher dimensionless eccentricity ratio values and to decreased values of
minimum film thickness and normalized friction coefficient.
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Figure 25: (a) Minimum film thickness, hmin, and (b) Normalized friction coefficient, f, versus specific bearing
load for two different values of rotational speed.
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Figure 26: (a) Friction torque, M, and (b) dimensionless eccentricity ratio, g, versus specific bearing load for
two different values of rotational speed.

3.5 Bearings with textured surfaces/ hydrophobicity

Many modern bearing designs use certain modifications to their surfaces, such
as texture and hydrophobicity. Artificial surface texturing serves by increasing the
hydrodynamically generated pressure, traps debris that can damage the working
surfaces, and act as a lubricant reservoir, providing oil, especially in mixed lubrication
conditions, where local oil starvation prevails. The most common artificially textured
bearings that have been studied in the recent literature are bearings with axial
grooves, circumferential grooves and rectangular/ spherical dimples.
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The objective of the present section is the cross-evaluation of journal bearings with
different texture patterns, in comparison to the reference plain (conventional) bearing
presented in section3.4.1, under similar operating conditions. The ultimate goal is to
find appropriate texture patterns that provide enhanced performance characteristics.
The textured and hydrophobic cases and their names are presented in Table 12 and
Table 13.

At this point it is useful to add that in the Pareto front diagrams, the reference
case point is shown as an orange x, while the whole of the optimization solution points
are shown as blue crosses. The Pareto front points are shown as red dots.

Table 12: Textured bearings studied in the present work.

Number of dimples in Number of dimples in
. - . - . Case name
circumferential direction axial direction
1 1 T,1,1 (pocket bearing)
5 1 T,5,1 (bearing with
circumferential grooves)
1 5 T,1,5 (bearing with axial
grooves)
T,5,5 (bearing with
5 5 .
rectangular dimples)
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(©) (d)

Figure 27: Example of bearing geometry for textured bearings (a) T,5,1, (b) T,1,5, (¢) T,1,1, (d) T,5,5 .

Table 13: Hydrophobic bearings studied in the present work

Slip length, b* Case name
0.1 H,0.1
1 H,1

Figure 28: Hydrophobic bearing.
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In axially grooved bearings, a groove of length L, extends axially from the
bearing midplane, to either side of the bearing. In typical uses the total groove length
is about 80% of the bearing length, leaving I=0.1 L on either side. The minimum width
of the depth region should be at least one-tenth of the diameter, w, = D /10, with a
depth of D/30. An axial groove is useful for better distributing oil over the entire length
of the bearing and to better control the rise of its temperature. For a steadily loaded
bearing with a length of about 25-50 mm a bearing with axial grooves is more suitable
for better lubricant distribution, than a bearing with a simple supply hole. The
selection of the optimum artificially textured geometry is decided based on the
optimal values of dimensionless eccentricity ratio and normalized friction coefficient.

3.5.1 Bearings with textured surfaces

In Table 14 and Table 15, the simulation results regarding textured bearings
are presented. Table 14 presents results corresponding to rotational speed of 1000
RPM, whereas in Table 15, results corresponding to rotational speed of 500 RPM are
presented.

For each value of rotational speed, three different values of bearing load are
simulated. At the first column of each Table, the name of the studied case is presented
(naming conventions have been presented in Table 12). In the middle column of each
Table, the Pareto fronts of each optimization problem are presented (large dots),
along with non-dominating solutions of the optimization process (cross symbols), and
the performance of the reference (plain) bearing (large X symbol).

It is observed that, in all cases, a substantial reduction of normalized friction
coefficient and dimensionless eccentricity ratio is achieved at low values of bearing
load (200 N). The bearings are in that case moderately loaded (eccentricity ratio
approximately 0.5 to 0.65). At higher values of bearing load (500 N, 1000 N) the
improvement is only marginal. Further, it is observed that artificially textured bearings
have improved performance at higher values of rotational speed (large values of
Sommerfeld number).

In summary, decrease of eccentricity ratio of the order of 3%-6% can be
achieved, followed by a corresponding decrease of friction coefficient in the range of
2%-3.6% in comparison to the plain journal bearing (bearing at low to moderate
loads). The (T,5,1) and (T,5,5) bearing designs exhibit the best performance in terms
of both performance indices, followed by designs (T,1,1) and (T,1,5).
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Table 14: Pareto front data and performance of optimal textured designs, for applied loads of 200 N, 500 N
and 1000 N at rotational speed of 1000 RPM.

Case Pareto fronts Performance of optimal designs
T1.1 4.3 + Textured bearing optimization, Case (T,1,1)
== Rotational speed: 1000 RPM A Refence case
c 425 Load: 200 N et @ Friction coefficient difference (percent)
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E 2 %Reference plain bearing PV A = Rotational speed: 1000 RPM 5
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Table 15: Pareto front data and performance of optimal textured designs, for applied loads of 200 N, 500 N
and 1000 N at rotational speed of 500 RPM.

Case

Pareto fronts

Performance of optimal designs
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3.5.2 Hydrophobic models

In Table 16 and Table 17, the simulation results regarding hydrophobic
bearings are presented. Table 16 presents results corresponding to rotational speed
of 1000 RPM, whereas in Table 17, results corresponding to rotational speed of 500
RPM are presented. Two different hydrophobic bearing designs are presented,
corresponding to values of slip length equal to 0.1 and 1 respectively.

For each value of rotational speed, three different values of bearing load are
simulated. At the first column of each Table, the name of the studied case is presented
(naming conventions have been presented in Table 13). In the middle column of each
Table, the Pareto fronts of each optimization problem are presented (large dots),
along with non-dominant solutions of the optimization process (cross symbols), and
the performance of the reference (plain) bearing (large X symbols). Hydrophobic
bearings are shown to provide significant improvement, in comparison to plain
bearings, for all the combinations of load and rotational speed. Best results are
observed for values for non-dimensional slip length b* equal to 1.

In particular, for rotational speed equal to 1000 RPM, a decrease of
dimensionless eccentricity ratio of approximately 20% is observed at the (low) load of
200 N, followed by a decrease of normalized friction coefficient by approximately 16%,
in comparison to plain bearings. This improvement is less pronounced at higher values
of bearing load. For rotational speed of 500 RPM, the trends are similar: an
improvement of approximately 7% in dimensionless eccentricity ratio is observed at
the (low) load of 200 N, followed by a decrease of normalized friction coefficient of
approximately 12%. A substantial reduction of normalized friction coefficient is also
observed at higher bearing loads (500 N, 1000 N).
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Table 16: Pareto front data and performance of optimal hydrophobic designs, for applied loads of 200 N, 500
N and 1000 N, at rotational speed of 1000 RPM.
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Table 17: Pareto front data and performance of optimal hydrophobic designs, for applied loads of 200 N, 500
N and 1000 N, at rotational speed of 500 RPM.
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3.6 Optimum geometries of textured/hydrophobic bearings

Following the optimization of the textured and hydrophobic bearings of the
previous section, the Pareto front points were used in order to find the optimum
geometry for each case. At this point it should be noted that the optimum geometries
presented below are the ones that showed satisfactory improvement of the bearing
performance compared to the plain bearing for both artificial texturing and
hydrophobicity. Also, for each combination of load and rotational speed, only a single
point of the Pareto front was selected, which exhibits a very good performance in
terms of both objectives (dimensionless eccentricity ratio, normalized friction
coefficient).

3.6.1 Optimum geometries for textured surface models

The optimum geometries of textured bearings are presented in Table 18.
Bearing performance indices (dimensionless eccentricity ratio, normalized friction
coefficient) of the optimum geometries are shown in Table 19. It is shown that in
textured bearings, improvement of performance in terms of dimensionless
eccentricity ratio and normalized friction coefficient is noteworthy only for the
combination of applied load of 200 N and rotational speed of 1000 RPM. Therefore,
optimum geometries and relative results are shown only for this load/speed
combination (Table 18).

Table 18: Optimum geometry of textured bearings for the applied loads of 200 N and rotational speed of 1000
RPM.

p:;r:(::e‘::r‘;/ Applied Start x End x . Start Endy :
Textured | Load (N) | (deg) | (deg) | CemSitYX ( dzg) (deg) Der;S'ty Depth (um)
cases
T,1,1 200 47.37 | 188.55 0.79 0.09 | 0.91 0.76 19
T,1,5 200 56.04 | 189.19 0.8 0.19 | 0.83 0.79 18
T,5,1 200 55.69 | 196.45 0.78 0.13 | 0.89 0.74 23
T,5,5 200 37.53 192.2 0.79 0.19 | 0.81 0.73 20
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Table 19: Textured bearings: load 200 N, rotational speed 1000 RPM: performance indices and corresponding
improvement, in comparison to the reference plain bearing.

1000 RPM
Geometry .
Applied Load . . Improvement . Improvement
parameters/ (N) Dlmenstlo.n.ltess of the bearing Nzrfnta.llzed of the bearing
Textured cases eccentricity performance riction performance
ratio coefficient
(%) (%)

11 200 0.4870 3.52 4.141 1.95

T.1,5 200 0.4882 3.29 4.133 2.14

T,5,1 200 0.4742 6.059 4.067 3.68

T.5,5 200 0.4836 4.19 4.088 3.21

3.6.2 Optimum geometries for hydrophobic surface models

The optimum hydrophobic bearing designs are presented in Table 20 and Table
21. Bearing performance indices (dimensionless eccentricity ratio, normalized friction
coefficient) of the optimum geometries are shown in Table 22 and Table 23. It is shown
that in hydrophobic bearings, performance of the bearing showed noteworthy
improvement for all the studied combinations of applied load (200 N, 500 N and 1000
N) and rotational speed (500 RPM and 1000 RPM).

Table 20: Optimum geometry of hydrophobic bearings for applied loads of 200 N, 500 N and 1000 N, and
rotational speed of 1000 RPM.

Geometry . . .
oo | TN | angle(deg) | angle(deg) | SWSERY | Sipendy
cases
1000 85.25 197.49 0.14 0.85
H,0.1 500 43.38 198.94 0.15 0.84
200 35.59 195.53 0.18 0.82
1000 29.84 195.37 0.12 0.88
H,1 500 43.38 198.94 0.15 0.84
200 24.88 195.97 0.14 0.87
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Table 21: Optimum geometry of hydrophobic bearings for applied loads of 200 N, 500 N and 1000 N, and
rotational speed of 500 RPM.

Geometry ] ] ]
oo | TN | angle(deg) | angle(deg) | SWSEY | Sipendy
cases
1000 82.46 196.27 0.12 0.89
H,0.1 500 57.58 198.99 0.13 0.88
200 81.98 199 0.13 0.85
1000 49.75 196.42 0.12 0.87
H,1 500 57.58 198.99 0.13 0.88
200 22.47 197.98 0.15 0.86

Table 22: Hydrophobic bearings: load 200 N, 500 N and 1000 N, rotational speed 500 RPM and 1000 RPM:
values of dimensionless eccentricity ratio and corresponding improvement, in comparison to the reference

plain bearing.
1000 RPM 500 RPM
Geometry
parameters/ Applied | pimensionless :)Tz::‘;eer:::t Dimensionless :)T:::‘;Zr:;:t
Textured Load (N) eccentricity g eccentricity g
cases ratio performance ratio performance
(%) (%)
1000 0.8269 0.85 0.9001 0.66
H,0.1 500 0.7097 1.56 0.8274 0.79
200 0.4852 3.88 0.6628 1.77
1000 0.8193 1.76 0.8942 1.31
H,1 500 0.6717 6.83 0.8133 2.48
200 0.4008 20.59 0.6229 7.67

Table 23: Hydrophobic bearings: load 200 N, 500 N and 1000 N, rotational speed 500 RPM and 1000 RPM:
values of normalized friction coefficient and corresponding improvement, in comparison to the reference

plain bearing.
1000 RPM 500 RPM
Geometry
parameters/ | Applied Normalized Improvement Normalized Improvement
totured | loxdN) | “in | Sfebering | i | ofthebenis
cases s s
coefficient (%) coefficient (%)
1000 1.4243 3.87 0.9433 7.12
H,0.1 500 2.1675 3.35 1.4246 4.04
200 4.1048 2.81 2.5061 3.15
1000 1.3563 8.46 0.8582 15.50
H,1 500 1.8978 15.38 1.2938 12.85
200 3.5700 15.47 2.2741 12.12
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3.7 Textured/ hydrophobic bearings versus the reference plain bearing

In section 3.6 it has been shown that introduction of artificial surface texturing
or hydrophobicity at part of the bearing surface may lead to substantial improvement
of bearing performance. In Figure 29-Figure 31, oil film thickness and pressure
distributions in the lubricant domain are presented, for bearing load of 200 N and
rotational speed of 1000 RPM. Pressure distribution in the textured and hydrophobic
bearings exhibits an increased gradient in the converging region, reaching a maximum
which is higher than the corresponding of the plain bearing. This performance is due
to the existence of dimples/ hydrophobic surface in the converging region of the
bearing, which at the same time, leads to a reduction of corresponding shear stresses
in the lubricant/ rotor interface.
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Figure 29: Reference plain bearing: (a) 3d profile of lubricant film thickness, (b) 3d profile of developed

pressure in the lubricant film, (c) pressure profile along the x axis (circumferentially), (d) pressure profile
along the y axis (axially).
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Figure 30: Textured bearing design (5x1): (a) 3d profile of lubricant film thickness, (b) 3d profile of developed

pressure in the lubricant film, (c) pressure profile along the x axis (circumferentially), (d) pressure profile
along the y axis (axially)
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Figure 31: Hydrophobic bearing design (H,1.0) : (a) 3d profile of lubricant film thickness, (b) 3d profile of

developed pressure in the lubricant film, (c) pressure profile along the x axis (circumferentially), (d) pressure
profile along the y axis (axially).
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4 Design and construction of a journal bearing test-rig

4.1 Existing UMT Tribometer facility

4.1.1 UMT Tribometer

The UMT Multi-Specimen Test System can be used effectively for the
tribological testing of ferrous and non-ferrous metals, plastics, ceramics, paper,
composites, thin and thick coatings, as well as of solid lubricants, lubricating fluids, oils
and greases.

Various common tribology test models are available such as:

e Pinon disk

e Ball on disk

e Ball on one, two or three balls
e Pinon V-block

e Blockonring

e Discon disc (flat on flat)

e Screw in nut

The UMT can accommodate both upper and lower samples of practically any
shape. The upper specimen is connected to a vertical linear motion system that has a
travel length of 150 mm. Wear measurements can be performed by the instrument to
an accuracy of 50 nm. A precision spindle can rotate the lower specimen at speeds
from 0.001 RPM up to 5,000 RPM. Accurate strain-gauge sensors perform
simultaneous measurements of load and torque in two to six axes. The forces can be
measured precisely in the ranges from milligrams to kilograms, with a resolution of
0.00003% of the full-scale and very high repeatability.

A normal-load sensor provides feedback to the vertical motion controller,
actively adjusting the sample position to ensure a constant load during testing. The
tester has fully automated PC-based motor-control and data acquisition, with a user-
friendly proprietary software system in a Windows 7 multitasking environment. The
test data can be acquired, calculated and displayed in real time, as well as stored for
future retrieval.
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Figure 32: UMT Tribometer.

4.1.2 Oil pump

The pump feeding oil to the journal bearing of the experimental setup is the
RK-4 Rotor Kit Qil Pump of Bently Nevada. The pump comes with an analog type
indicator that shows pressure in psi and in kPa. The maximum pressure of the pump
is 4.2 kPa.

Oil to
bearing

Oil from
bearing

Figure 33: RK-4 Rotor Kit Oil Pump.
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For the lubrication of the bearing the lubricant oil that was used is the SAE 10,
and its dynamic viscosity is shown in Table 24, as they have been evaluated in
laboratory conditions.

Table 24: Dynamic viscosity of SAE 10 oil

Temperature Dynamic viscosity (mPa ‘s)
30°C 54.620
40 °C 33.627
80°C 8.308

4.1.3 Electric motor

The journal bearing shaft receives motion from an electric motor, which can
develop a rotational speed up to 10000 RPM. The rotor model is the Bently Nevada
Rotor Kit Model RK4. The rotational speed and the acceleration/deceleration of the
electric motor, and therefore of the shaft, can be regulated from a controller, the RK4
Controller. The rotational speed of the shaft is measured by two proximity sensors
that are installed in a suitably shaped gear.

=y

| u_..,.j““‘x“f\f‘&

Figure 34: Electric motor of the bearing test rig.

Figure 35: Drawn representation of the RK4 Controller.
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The shaft is attached to the electric motor with the use of flexible torsional
coupling. This way, the misalignment of the shaft in the bearing can be avoided.
Pretension of the shaft can be imposed by tightening of four screws that form a cross.

4.2 Design of journal bearing testing apparatus
4.2.1 General description

Before the actual construction of the experimental setup, a CAD assembly
design was made in Autodesk Inventor 2016, in order to aid the manufacturing process
and to depict all the individual parts and their details. The final assembly consists of
23 parts, which are the following and can also be seen in the final drawings coming as
an appendix of the present thesis.

Rail for z motion upper part

Rail for z motion lower part

L part

TCH100 Torque sensor

Bearing housing flange

Bearing housing

Bearing

Support for ball bearing PO00 upper part
Support for ball bearing PO00 lower part

W N A WNPRE

[EEN
o

. Oil reservoir

=
=

. Basic motor support structure

=
N

. Tribometer flange

. Ball bearing PO0OO

. Shaft

. Rolling element bearing (SN507)
. Motor (Bently Nevada RK4)

. Motor support shell

e O = N Y Y
0o N oUW

. Motor support shell(s)

[EEN
No)

. Support structure leg(s)

N
o

. Support for slider
. Slider
. Slider guide(s) partl

N NN
w N =

. Slider guide(s) part2

The above assigned numbers and the respective test rig items are seen in Figure 36.
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Figure 36: Exploded view of the journal bearing test rig.

The test rig can be divided in four parts based on the functionality issues:

The first part is the bearing-rail system, and it consists of the upper and lower
rail for z axis motion (items 1 and 2), the L part (item 3), the torque sensor type TH-
100 (part 4), the bearing housing and bearing housing flange (parts 6 and 5,
respectively) and finally the journal bearing (part 7). The connection of the itemao in
the bearing-rail system goes as follows: the upper part of the rail for z motion connects
to the tribometer load sensor so it remains steady throughout the experiment and the
load can be applied to the journal bearing through the tribometer. The load sensor is
responsible for measuring and adjusting the applied load at any time. Then, the lower
part of the rail for the z motion is inserted in the upper, in order for the rail system to
be completed. Then the L part is attached to the lower part of the rail and, on it, the
torque sensor is placed, so it can take measurements of the friction torque of the
journal bearing during the experiments. The bearing housing flange is connected to
the torque sensor and supports the bearing housing. The bearing is placed inside the
bearing housing. So, with this connection between parts 1 to 7 the bearing system
remains steady and measurements can be taken with the use of the tribometer, with
a range of applied loads from 1 to 1000 N. Also, the use of the tribometer enables the
temporal variation of the applied load during the experiments, allowing
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measurements to be taken in transient loading states, apart from the steady state
condition.

The second part is the motor-shaft system. It is composed of the shaft (item
14), the motor (item 16), the rolling bearing SN507 and ball bearing PO0O (items 15
and 13 respectively) and the motor support shells (items 17 and 18). The shaft is
attached to the motor through a flexible torsional coupling as it has been described in
4.1.3. The rolling element bearing SN507 and the ball bearing PO0O are placed on the
two ends of the shaft, as shown in Figure 36. This way the shaft is supported at either
ends, minimizing the effects of bending moment. The motor is placed on its support
shells. The support shells are designed and constructed in a way that the back and
forth movement of the motor-shaft system is enabled. This way, the shaft can be
inserted or taken out of the bearing, whenever necessary, with minimum effort.

The third part is the support system for the test rig. It is consisted of the basic
support structure (item 11), the tribometer flange (item 12), the oil reservoir (item 10)
the upper and lower support parts for ball bearing POQO (items 8 and 9 respectively)
and support structure legs (item 19). The tribometer flange is placed on the
tribometer, and the basic support structure is connected on its top. This way, the
whole test rig is steady and protected from oscillation, which may be developed by
the high rotational speeds of the motor. The basic support structure has two slots that,
combined with the support shells of the motor, enable the back and forth movement
of the motor and the shaft. The support for the ball bearing PO0O is consisted of two
parts, which are connected with a screw. This way, the height of the PO0O0 ball bearing
can be regulated with an accuracy of micrometers on the vertical axis so that the upper
part of the support can be placed in the right height. Then it is made steady in that
position with the use of two nuts.

The fourth part is the autonomous slider system. It consists of the slider
support slider (item 20), the slider (item 21) and the slider guide (items 22 and 23).
These four items, when connected, they form an autonomous slider system that
makes feasible the load application through constant weights, without requiring the
use of the UMT tribometer load system. The constant weights are placed on the slider,
and with the use of the slider guides, the constant load is applied to the bearing and
the shaft. When using this system the applied load can exceed 1000 N, which is the
applied load upper limit when using the UMT tribometer load sensor. All the
measurements in this case are done with the use of the torque sensor TH-100. This
system can be used for both steady-state and transient experiments, however the
latter requires the use of the UMT Tribometer.
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At this point it should be noted that the autonomous slider system is optional.
When the load is applied through the UMT tribometer, only the three first subsystems
are needed. When the UMT tribometer setup is used, the load is applied to the
bearing through the load sensor, which is responsible for measurements in steady and
in transient states. The developed friction force in the bearing can be measured with
the use of the torque sensor, which is placed between the L part and the bearing, as
it has already been described.

A photo of the assembled journal bearing test rig is shown in Figure 37:

Figure 37: Assembled journal bearing test rig.

All the used screws for the connection of the items are metric, ranging from
M3 to M6.

The bearing is lubricated with the use of the Bently pump, that has been
described in section 4.1.2. The oil that leaks out of the bearing is gathered in the oil
reservoir, and sent back to the bearing, with the help of a piping system that is
connected to the pump on one end and to the bearing through the oil feed hole on
the other end. The lubricating system consists of a number of pipes, angles,
connectors and switches.
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4.2.2 Materials

The items were constructed from the following materials:

Table 25: Journal bearing test rig: part materials.

ltem Item Material
number

Rail for z motion upper part 1 Iron
Rail for z motion lower part 2 Iron
L part 3 Iron
Bearing housing flange 5 Steel
Bearing housing 6 Steel
Bearing 7 Copper/ Phosphorus
Support for ball bearing PO00 upper part 8 Copper
Support for ball bearing PO0OO lower part 9 Copper
Oil reservoir 10 ABS plastic
Basic motor support structure 11 Iron
Tribometer flange 12 Steel
Shaft 14 Stainless steel
Motor support shell 17 Steel
Motor support shell(s) 18 Steel
Support structure leg(s) 19 Steel
Slider support 20 Brass
Slider 21 Brass
Slider guide(s)-part 1 22 Brass
Slider guide(s)-part 2 23 Brass

4.2.3 Bearing

The bearing has a diameter of 30 mm, a length of 31 mm and a thickness of 7
mm. The two ends of the bearing have each afillet of 0.5 mm, in order for the lubricant
to exit smoothly during the testing operation. So the bearing active length is 30 mm.

e il feed slot: it is placed at an axial position of 15.5 mm from the bearing’s
edge.

e Proximity probes: the proximity probes slots are placed at a relative angle of
45° to the oil feed slot and at a height of 10.5 mm and 20.5 mm from the
bearing edge. So, in total there are 4 proximity probes slots.

e Pressure probes: the pressure probes are placed at a circumferential position
of 125, 180 and 235 degrees relative to the oil feed slot and at an axial position
of 8 mm and 15.5 mm from the bearing’s edge. In total there are 6 pressure
probes, which gives an evaluation of the overall pressure profile that is
developed in the lubricating film.
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e Temperature probes: there are in total 6 temperature probes. Four of them
are placed at a circumferential position of 157.5 and 202.5 degrees relative to
the oil feed slot, and at an axial position of 8 mm and 15.5 mm from the bearing
edge. One temperature probe is placed at a circumferential position of 144.5
degrees relative to the oil feed slot, and at an axial position of 13 mm from the
bearing edge. Finally, one additional temperature probe that is placed at a
circumferential position of 144.5 degrees relative to the oil feed slot, and at an
axial position of 19 mm from the bearing edge. The temperature probe depths
vary from 2 mm to 6.4 mm. That variation in the positions and the depth gives
an evaluation of the overall temperature profile that is developed in the
bearing through its thickness.

The exact positions of the slot of the oil feed, the proximity, the pressure and
the temperature probes are shown in Figure 38. The bearings that were manufactured
came only with the oil hole on them as shown in Figure 39.

Figure 38: 3D view of a bearing specimen.

Figure 39: Manufactured bearings. Copper bearing (left), and steel bearing (right).
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4.2.4 Bearing housing

The bearing housing has a diameter of 44 mm, a length of 78 mm and a

thickness of 12 mm. Its diameter is set at 44 mm in order to enable the bearing to fit
exactly inside the bearing housing, as the bearing has an outer diameter of 44mm. At
an axial position of 33 mm from the bearing housing top edge, a reduced inner
diameter of 38 mm is present, which acts as a stop for the bearing, in order not to
move any further from that point, during testing operation. The bearing housing has
the same number of slots as the bearing and its main use is to support the bearing as
well as the different probes that are used in the experiments. So, the slots are located
in the follow positions:

Oil feed slot: it is placed at an axial position of 25.5 mm from the bearing
bottom edge.

Proximity probes: the proximity probes slots are placed at a relative angle of
45 to the oil feed slot and at a height of 20.5 mm and 30.5 mm from the bearing
bottom edge.

Pressure probes: the pressure probes are placed at a circumferential position
is 125, 180 and 235 degrees relative to the oil feed slot, and at an axial position
of 18 mm and 25.5 mm from the bearing edge.

Temperature probes: there are in total 6 temperature probes. Four of them
are placed at a circumferential position of 157.5 and 202.5 degrees relative to
the oil feed slot, and at an axial position of 18 mm and 25.5 mm from the
bearing’s edge. One temperature probe is placed at a circumferential position
of 144.5 degrees relative to the oil feed slot, and at an axial position of 23 mm
from the bearing edge. Finally, one additional temperature probe that is placed
at a circumferential position of 144.5 degrees relative to the oil feed slot, and
at an axial position of 29 mm from the bearing edge. The slots for the
temperature probes are threaded, in order for the temperature probe to be
suitably adjusted.

At the top edge of the bearing housing there are 5 threaded holes, which are

used for connection between the bearing housing and the bearing housing flange.

The exact positions of the slot of the oil feed, the proximity, the pressure and

the temperature probes are shown in Figure 40. The bearing housing that was
manufactured came only with the oil hole on it as shown in Figure 40.
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Figure 40: Bearing housing: 3D view of the bearing housing (left), photo of the manufactured part (right).

4.2.5 Shaft

The shaft consists of three segments. The main segment has a length of 160
mm and a diameter of 29.9 mm. This diameter fits within the bearing inner diameter
of 30 mm, and provides a diametral clearance of 0.1 mm. The second segment has a
length of 30 mm and a diameter of 10 and is used to connect the shaft with the motor.
The third segment has a length of 25 mm and a diameter of 10 mm. On this segment
the rolling element bearing PO0O is connected. The active length of the shaft has a
length of 30 mm, which is the same as the bearing active length.

A CAD representation of the shaft is shown in Figure 41.

Figure 41: 3D view of the test-rig shaft (left), manufactured shaft (right).

4.3 Auxiliary systems, measurement sensors

For the purposes of the measurements, a variety of sensors and probes has
been used. Below there is an analytical presentation of them.

4.3.1 Rotational motion drive with specimen table type S21ME/S21M0

This drive has the following characteristics:

e Maximum rotational speed: 1000 RPM
e Maximum Load: 20 kg
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e Acceleration/Deceleration time (s): 5
e Encoder resolution: 8000

Figure 42: Rotational motor drive type S21IME/S21MO0.

4.3.2 Load sensor type DHF-100

e Range: 10 to 1000 N (1 to 100 kg)
e Resolution: 50 mN (5.0 g)

Figure 43: Load sensor type DHF-100.

4.3.3 Torque sensor type TH-100

Torque:

e Range: 100 to 20000 N*mm
e Resolution: 2.5 N*mm

e Range: 10to 1160 N (1 to 116 kg)
e Resolution: 135 mN

Friction/Vertical Force:

e Range 5.8 €w¢ 580 N (0.58 £€wg 58 kg)
e Resolution: 65 mN
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Figure 44: Torque sensor type TH-100.

4.3.4 Proximity sensor

The proximity sensors that are used came with the Bently Nevada Rotor Kit
Model RK4 test rig. They are able to measure the distance between a metallic object
and their tip. The measurements, which are in voltage, pass through an amplifier, and
then are collected with the help of a data acquisition card (Dagboard 2000). Then,
they are converted in distance units (mm), with the aid of a computer.

The proximity sensors have a thread so they can be adjusted on appropriate
bases that allow them to be close to the shaft. After the adjustment, the proximity
sensors can be positioned vertically, horizontally, or at an angle of 45°, as shown in
Figure 45.

Beveled Londs

Figure 45: Sketch of the proximity sensor brackets.

After the assembly of the proximity sensors and the bracket, a volt-meter is
used in order to measure the distance between the proximity sensors and the shaft.
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Figure 46: Proximity sensor tip.

Figure 47: Cable output of proximity sensors: outer diameter of 7.23 mm.

Finally a drawing of the proximity sensor tip is shown in Figure 48.

[e]e

@)

Figure 48: Drawing of the proximity sensor tip.
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Probe tip, diameter: 5.26 mm
Hex nut

Cover thread

Sectional narrowing

A wNe

Cable (maximum inner diameter: 2.8mm, maximum inner diameter along with
the casing: 7.6 mm)

6. End cover, dimension: 3.23 mm

7. Threadless cover length

8. Coaxial connection (male), maximum outer diameter of 7.23mm

9. Cover length: 35.3 mm

10. Sensor tip length: 2.92 mm

11. Total length without cable: 43.8 mm

4.3.5 Pressure sensor

The pressure sensors that are used are WIKA, type A10. Their features are shown
below:

Range: 0 to 100 bar

Resolution: +/- 1% of the measuring range

Figure 49: WIKA type A10 pressure sensor.

4.3.6 Temperature sensor

The temperature sensor that is used is the EGT K type thermocouple, which
comes with a M5 thread. It has the following features:

e Operating temperature of -100 to 1250 oc
Probe diameter: 2mm

Probe length: 10mm

Thread size: M5

Cable length: 2m

Probe Material: Stainless Steel

Cable external shielding: Stainless Steel Braiding

Cable internal insulation: Fiberglass

Type: Grounded

Connector: Mini K Type Connector
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Figure 50: EGT K type thermocouple.

4.3.7 IR Thermography camera DiaCam C.A. 1882

Apart from measuring the lubricating film temperature inside the bearing with
conventional thermometers, an IR Thermography camera is also used, in order to
accurately measure the temperature of the lubricating oil in the oil reservoir, the
piping and also the temperature on the bearing housing surface. The IR Thermography
camera DiaCam C.A. 1882 used in the present study takes photos, which are color-
coded, depicting the spatial variation of temperature. The thermal camera comes with
a specific software, which may be used to post-process the taken snapshots. With the
software, the maximum and minimum temperature are shown with accurate values
on the screen. Also when the cursor moves over each point of the IR photo, the exact
temperature value of that point is shown. Therefore, using the IR Thermography
camera enables a more detailed approach of the temperature profile for both the oil
and the test rig parts. The IR Thermography camera is shown in Figure 24Figure 51.

Figure 51: IR Thermography camera.
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4.3.8 Ball bearing SN507

The ball bearing SN507 consists of a pillow block that contains a ball bearing,
an adapter sleeve and a locking washer, as shown in Figure 52. The pillow block
material is cast iron.

Figure 52: Ball bearing SN507.

4.3.9 Drill, taps and thread construction

Whenever a need to create new holes in some of the items of the experimental
setup came up, the drill that is located on the laboratory workbench was used, as
shown in Figure 53. First of all, the location of the hole was measured on the item and
was marked using a pencil and then with the use of a guide, a hole was opened. After
that, the guide was removed and the drill took its place, in order for the hole to be
fully opened at the desired dimensions. The guide and the drill are shown in Figure 54.

Figure 53: Drill located and stationed on the workbench.
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I(:i.gL;]n)a 54: The guide used for the initial opening of the hole (left), and the drill used for the permanent opening
right).

Some of the holes were threaded. For this procedure, the hole was opened as
described, and then the thread was created with the use of a tap. The tap came with
three different parts in order for the thread to be fully functional. The first step after
the hole was opened was to use the sharper of the three taps for the creation of a first
thread that was the final one. After that the second tap was used in order to create a
thread closer to the real one and finally the third tap, which was the bluntest one, was
used to create the desired thread. All taps had to be inserted vertically in the hole so
that the thread would be fully functional afterwards.

Figure 55: Taps used for M5 threads.
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5 Experimental measurements

5.1 Testrig assembly

Before the experimental measurements, it is necessary to properly connect
the test rig and the auxiliary items, the computer where the measurements will be
collected and the lubricating system. In sections 4.2 and 4.3 there has been a
description of the test rig and its auxiliary items. Because at the time of the
experimental measurements, the load sensor was not usable, the autonomous setup
of the test rig that was used, which consists of all four parts as they are described in
section 4.2.1. The measurements of the present section were taken utilizing the
torque meterTH-100, which is connected directly to the tribometer.

The first step is to connect all of the test rig items as it has been explained in
section 4.2.1. Then, before initiating the experimental procedures, the lubricating
system must be examined, to avoid leakage or existence of air bubbles in the piping
system, which resulting in pressure loss of the lubricant. So with the electric motor
switched off, the pump is set to use, sending lubricant oil in the bearing. This way,
apart from detection of faults of the lubricating system, pressurized lubricant oil is
inserted between the bearing and the shaft, creating a first lubricating film that will
help the shaft to rotate in the bearing without being in dry state and thus damaging
its surface.

After the lubricating system is checked and made sure that is without any
faults, the electric motor must be prepared to run, as it has been described in section
4.1.3. The rotor is then set to a low rotational speed, while the pump is working, in
order for the lubricating oil to create the hydrodynamic film between the surfaces of
the bearing and the shaft. The final step is to apply the load under which the
measurement will take place and set the desired rotational speed of the shaft.

When all of the above actions are completed, the test rig is ready for
experimental measurements, with the use of the UMT tribometer and the torque
meter TH-100. The toque meter has been modified, so that when it is mounted on the
UMT tribometer, its output is not measured in volt, but instead the output isin N-mm.
The measurements of friction force and friction torque are shown in live panels, and
are saved in text files for further processing.

The UMT Software should be started following some certain steps, which are
the following:

1. Turnon PC
2. Turnon UMT
3. Start Software

4. Load the correct option file for the desired type of measurement. In the
options tab, the load options file tab is selected and then the Rotary-
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DHF-100-Tz.opt file is selected, as shown in Figure 56. This is necessary
in order for the UMT Tribometer to measure the friction torque
through the TH-100 torque sensor, something that is possible when the
rotary drive is mounted on the UMT Tribometer. So the rotary drive is
connected to the UMT Tribometer before any measurements.

-
- Load Options File: |
P
{_JiJ [ | » Computer » SYSTEM (C) » TRIE » OptionFiles ~ |44 ||l Search OptionFites o
QOrganize + New folder g= - l ﬂ
-
¢ Favorites 4 Mame Date modified Type Size
Bl Desktop |7 Fastlinear-DFH100.0pt 17-5ep-14 5:03 PM  OPT File
# Downloads ) Reciprocating-DFH100.0pt 17-Sep-14 117 AM  OPT File
E] Recent Places |7 Reciprocating-DFH100-5LB.opt 2 14232 AM  OPT File
7] Rotary-DFH-100.0pt . OPT File
i Libraries £| | ] Rotary-DFH-100-Tz.opt OPT File
< Documents
-, Music
k= Pictures
B videos
18 Computer
&, SYSTEM (C)
s DATA (D) -4 in ’
File name: Rotary-DFH-100-Tz.opt - ‘OptIUHSFHES(’.Upﬂ '|

[ Open ] ‘ Cancel ‘

Figure 56: Load file selection.

5. Start the live panels. Usually the graphs for Fz/Tz are selected and
opened. Because in this case the load sensor will not be connected to
the tribometer, the Tz graph is selected and opened.

6. Check of force/torque sensor and zero the channels. After the
measured value from the torque sensor that is displayed in the live
panel has been reset to zero value, the toque sensor is checked if
working properly, as shown in Figure 57. The same action would take

place with the Fz live plane, if the load sensor was mounted on the UMT
Tribometer.

Tz (zeroed)

Figure 57: Tz live panel.

7. The next step is to create a new sequence in order to define the
measurement parameters. The new sequence panel with the alongside
tabs is shown in Figure 58. The engage tab remains at its default values,
and it shows the force, which the UMT Tribometer will apply to the
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rotary drive. This step is more general and in this case it will not be of
any use as the load will be applied without the use of the UMT
Tribometer. The same applies for the disengage tab: the default values
are left and it will have not any further effect in this case. Those two
tabs should be of use when the load is applied through the UMT
Tribometer with the use of the load sensor DHF-100.

[ Untitled1
=V @ el d €  sequence
Previaw ‘ Engage I Test I Disengage | Data File I Sequence Notes
Preview by:
@ Yertical Force “Yertical Dizplacement
Fz, N Step 1.
Duratior: 1.0 sec
Constant Load:
Fz=0.00N
Time, sec
+ =
a 1
|

Time =06gec / Fz=000 N

Figure 58: New sequence panel.

In the Data File tab, the Create Data File option is selected with the
channels and the amount of samples. In the channels tab, the live
panels are selected that correspond to the measurement method that
will take place. If both the load and the torque sensors are used, then
both the Fz and Tz channels are selected, as shown in Figure 59.
However, for the measurements of the present section, only the Tz
channel has been selected.

| Preview | Engage I Test | Dis&ngﬂg&| Data File | Sequence Nut&sl
Create Data File
|:| Uze Template
Template:

Parameter: Apphy to A

Browse

Channels:

Fz (Vertical Force) - Fittering Method:
Tz (Torque) -:- Downzampling
[]Z1 carriage Position) 1 @ Averaging
[]Z2 (Lower Drive Positio| =
[]Z3 iSlider Position) _ ]

[]w1 (Carriage Speed) a Filter width 10 e
[[1W2 (Lower Drive Speec — | ) Data Rate

Operators Comments:

Figure 59: Data file tab.
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8. After having completed the general sequence options, the first step of
the sequence must be created. It should be noted that the first step of
the sequence coincides with the engagement step. The 4 tabs of the
new sequence panel are presented in Figure 60. Under normal
operating conditions of the UMT tool, the most common way to exploit
the feedback-control feature of UMT is to use the neutral load, which
is permanently monitored by the force sensor. Since the force sensor
has malfunctioned, those options were put to idle, and the only
contribution of UMT was to act as receiver of the torque meter signal
and translating into frictional torque (N - m). A typical duration of an
experimental sequence has been selected equal to 30 s for all the
measurement tests.

General | Load Control | Lower Drive | Slider

Step Type: Mode:

| Laoad Cantral hd | | Constant Load hd

Channel; | Fz - Pull test

At the Step End:
Move carrage up
Ciuration 2 mm
@ Seconds
1 l Minutes at |0 T e
Hours

Zero all channels
Extemnal Device:

Conditional Stop Start Wiz ekl
o Reset Auxiliany
ze for Imaging Stop Ereasks
| Save Data Compenzate for
atevem 1 -th loop BeEdes
Figure 60: General first step panel.
General | Carriage | Lower Drive | Slider
Step Type: tode:
| Carriage Pogition Control - | | Idle -
At the Step End:
Move camiage up
Diuration 2 mm
@ Seconds
1 . Minutes at o G5E
Hours

Zemo all channels
Euternal Device:

- ‘wirite dat.
Conditional Stop Start e aa”
|Jze for Imaging Stop E:zgltj.:;mhar}'

| Save Data Compenzate for
Backlash
atevery 1 -+th loop

Figure 61: First step panel for the torque sensor.

9. The last step is to check the created script. This option examines if all
of the selected options are set correctly, and that a functioning
measurement script for the UMT Tribometer has been created. If the
check is successful, the script can be started in order for the
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measurement to take place, and all the measured parameters to be
saved to the appropriate files. These two tabs are shown in Figure 62.

>
Check Script | Start Script

& Untitledl
=-¥ & Torque_images
o[ 1) DeltaZ =000 mm; T=1sec

Figure 62: Check script and Start Script options.

The created files that contain the measurements are saved in .csv files that can
be opened by Microsoft Excel for further processing. An image of the test rig when all
parts are assembled is shown in Figure 63.

Figure 63: Test rig with all parts connected.
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5.2 Experimental results
5.2.1 Plain journal bearings

A series of experimental measurements took place on the test rig. A static load
has been applied to the bearing, corresponding to the weight of parts 1, 2, 3,4, 5, 6
and 21 as they have been described in 4.2.1. The weight of each part is shown in Table
26.

Table 26: Total weight of items for first measurement of friction torque

ltem Item number
Rail for z motion upper part 1
Rail for z motion lower part 2
L part 3
Torque sensor type TH-100 4
Bearing housing flange 5
Bearing housing 6
Slider 21
Total weight (kg) 6.097

The total weight of 6.097 kg equals to 59.79 N of applied load. The tested
bearing was a copper bearing; its geometric characteristics have been presented in
Table 2 in section 3.1. Eight different experiments were conducted, for different values
of the rotational speed of the shaft, varying from 600 RPM to 2000 RPM. In Table 27
and Figure 65, measurements of friction torque are presented for all the studied cases.
Additionally, oil temperature was measured using the IR Thermography camera
described in 4.3.7. A characteristic photo of the IR Thermography camera software
displaying the bearing housing and the lubricant oil in the oil reservoir and the feeding
oil temperatures using the IR Thermography camera software is shown in Figure 64,
where the displayed items on screen come with their referenced number.
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Figure 64: IR Thermography camera software: snapshot captured during bearing operation

Table 27: Friction torque measurements in a copper bearing for different rotational speeds of the shaft.

Rotational speed | Ppyump (barabove
T, (N-m T,; (°C

(RPM) atmospheric) 2| ) oit (°C)
600 3 -0,03983 32
800 2,8 -0,05436 34
1000 2,8 -0,06294 35
1200 2,8 -0,07366 36
1400 2,8 -0,07458 36
1600 2,8 -0,08153 36
1800 2,8 -0,08896 37
2000 2,8 -0,09467 39

® Experimental measurements of friction torque
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Figure 65: Experimental measurements of friction torque in the copper plain bearing.
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5.3 Reference measurements — comparison with numerical simulations

The experimental measurements that were performed with the use of the test
rig showed that friction torque increases in absolute value when the rotational speed
of the shaft increases under steady applied load, as showed in Figure 65. These result
can validate the numerical analysis data for the plain journal bearing shown in Table
28, which showed a similar trend.

Table 28: Friction torque in a copper bearing: comparison between experimental measurements and
numerical simulations.

. T,
i i AT, (%
Speed (barabove expe“mental numerical Z( O) Toil
(RPM) atmospheric) (N-m) (N-m)
600 3 -0,03983 -0,03840 3,59 32
800 2,8 -0,05436 -0,04822 11,28 34
1000 2,8 -0,06294 -0,05708 9,30 35
1200 2,8 -0,07366 -0,06504 11,70 36
1400 2,8 -0,07458 -0,07219 3,20 36
1600 2,8 -0,08153 -0,08637 -5,94 36
1800 2,8 -0,08896 -0,08735 1,81 37
2000 2,8 -0,09467 -0,09360 1,13 39
Experimental measurements of friction torque Numerical analysis
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Figure 66 : Friction torque in a copper bearing: comparison between experimental measurement and
numerical simulations.
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Figure 66 shows that experimental and numerical analysis have small difference in their
values, especially in high rotational speeds. Table 28 shows the difference percentage
for friction torque measurements for both experimental and numerical analysis. The
average percentage in difference is 4.5%.
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6 Conclusions and future work

6.1 Conclusions

In the present Diploma Thesis, a computational and experimental study of
hydrodynamically lubricated journal bearings has been performed. The aim of the
present study was twofold: (a) to investigate the possibility of performance
improvement by introduction of artificial surface texturing or hydrophobicity at part
of the bearing surface, and (b) to design and construct a test-rig for journal bearing
performance measurements.

First, a computational investigation of hydrodynamic lubrication in journal
bearings exhibiting different types of surface treatment at part of the bearing surface
has been performed. Bearing performance was computed by solution of the Reynolds
equation, utilizing an in-house finite difference solver. Five different types of journal
bearings were cross-evaluated for operation under different combinations of radial
load and rotational speed: (a) a pocket bearing, (b) a bearing with circumferential
grooves, (c) a bearing with axial grooves, (d) a bearing with rectangular texturing, and
(e) a hydrophobic bearing. The most efficient designs for each bearing type were
identified with the aid of a multi-objective optimization approach, based on the
Matlab optimization toolbox. The optimization goal was to identify the main bearing
design parameters (texture depth, axial/circumferential texture extents, slip length,
axial/circumferential hydrophobic extents) which simultaneously minimize friction
coefficient and maximize minimum lubricant thickness. In particular, the optimization
process was repeated for bearings with different artificial surface texturing designs
(r,1,1,T1,5,1,T,1,5,T,5,5, see Table 12 for name conventions), and for bearings with
hydrophobic surfaces, characterized by different values of slip length (designs H,1,
H,0.1, see Table 13 for name conventions). The applied load was varied between 200 N
and 1000 N, while the rotational speed of the shaft was set at 500 RPM or 1000 RPM.
The results of the numerical analysis have shown that a noteworthy improvement of
bearing performance is feasible if artificial surface texturing / hydrophobicity is
introduced at appropriate parts of the bearing surface. Maximum performance
improvement, in terms of the normalized friction coefficient and the dimensionless
eccentricity ratio, were observed for rotational speed of 1000 RPM and applied load
of 200 N, both for artificial surface textured and hydrophobic bearings.

Next, an experimental journal bearing test-rig was designed and constructed.
The test-rig can either act as a stand-alone setup or it can be connected to an existing
UMT Tribometer facility of NTUA, and is capable of measuring different performance
parameters of a journal bearing, including eccentricity/attitude angle, friction torque,
pressure and temperature of the lubricant film at different bearing locations, as well
as shaft/bearing misalignment. Experimental measurements were performed for plain
copper journal bearings, and the obtained results were compared with computational
results of the present study.
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6.2 Future work

Future work, in continuation of the present, could include:

Additional experiments with the experimental test-rig for validating (a) the
measurements of the developed pressure and temperature in the lubricating
domain, (b) the measurements of eccentricity and attitude angle, and (c) the
measurements of the shaft/bearing misalignment angle.

Additional experiments on journal bearings modified properly with artificial
surface texturing or hydrophobicity.

Experiments on journal bearings made of different materials, and comparison
of their performance, under different combinations of applied loads and
rotational speeds.

Connection of the test-rig with the UMT tribometer, and conduction of
experimental measurements on bearings under transient load.
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Appendix A

Principles of drawings

According to Brian Griffiths [30] the main purpose of engineering drawings is

to communicate information by providing a specification. Therefore engineering
drawings need to meet the following requirements:

They should be unambiguous and clear. So for there has to be only one
interpretation for any part of a component.

They should provide all the information needed, thus engineering drawings
need to be complete. However, a drawing may rely to other drawings to
provide all the necessary information for a component.

The drawing should be suitable for duplication, without any information
being loss through the process.

Drawings should communicate their content, without the use of any
language, meaning they should be language-independent. The only case for
using language is the title of the drawing or where information of non-
graphical form should be given.

Engineering drawings need to conform to standards, with the highest
standard being the ISO ones, which are applied worldwide.

Layout of drawings

The blank sheet of a drawing should contain the following things. It has to be

noted that the first three things are mandatory and have to be included in every blank
sheet, where the last four are optional.

NoukowbhR

Title block

Frame for limiting the drawing space
Centring marks

Orientation marks

Metric reference graduation

Grid reference system

Trimming marks

The title block is usually located in the bottom right-hand corner of the drawing

and contains information, from very simple to very complex that help identification of
the drawing.

The frame for limiting the drawing space is called border. It shows the drawing

region, by defining its edges.

Centring marks take the form of dashes and are found on the center of each of

the four sides of the border. They are used to help with the positioning of the drawing.
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Orientation marks are consisted of arrows that coincide with the centring
marks and are positioned on two of the four sides of the border, with one of them
pointing toward the position of the draughtsman.

A metric reference graduation scale uses a minimum length of 100 mm with
10 mm intervals. It is used in order to enable the scaling of the drawing when the scale
is different than the original.

A grid reference system should be used in every drawing as it enables the easy
finding of details, additions and modifications.

Trimming marks are positioned at the four corners of the drawing sheet, one
in each corner. They are used in order to help with the trimming of the paper.

All of the above layout parts are shown in Figure 67.

Trimmiry marks {x4) Alternative trimming mari
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Figure 67: Layout of drawing sheets
The type of drawings that were used to show the test rig parts are the following:

e Detail drawings that show the details of a single component, including all the
necessary information required for its manufacture.

e Assembly drawings that show how the individual parts are combined together
in order to make the assembly.

Also it should be mentioned that all drawings are created using the European
ISO for their presentation.
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