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Z0voyn

H toBn elvat o kUplog AGyog mou Ta KNXOVOAOYLKA CUOTHAMOTA TAPoucLAlouV
OTWAELEC €VEPYELOG. TETOLO CUOTAMOTO UTIAPXOUV OTa TAold, TOCO OtnVv KUpLo
unxowvn (€6pava, ehatrpla epBOAwWY, K.ATt.), 600 Kol o€ OAOKANPO To a€oVIKO cUOTNHA
LLE TO oTtolo ouVSEeTalL n KUpLa unxavh. Mo vo eAattwBoUv aUTEG oL AMWAELEC, KABWC
Kal n ouvemayopevn ¢Bopd TwV EUTMAEKOHEVWV  €€aPTNUATWY, OuvHBWC
XpNolomoLlouvTaL AUtaviikd péoa PeTagl Twv aAAnAerudpovowv emidavelwy (T
OTa aKTWIKA E€8pava Tou TAolou, 0To WOoTIKO £€5pavo Tou TAoiou, K.a).

H napouoa gpyacia, HEAETA TIG amMWAELEG TPLPAG 0€ woTKA £dpava. QoTika €dpava
XPNOLUOTIOLOUVTAL KATA KOpOV oTa TIAoiat OTIoU KUPLOG OTOXOG TOUG £lval n petadoon
TWV UEYAAWV afovikwVv SuvApewv mou dnuloupyouvtal anod TNV €Alka Tou TAoiou
TPOG TN yaotpa autol. Ta wotkd £dpava anotelovvtal and dVo Baclkd HEpn, TO
elval otaBepod (otatopac) evw to GAo meplotpédetal (potopac). AELOTOLWVTOG TIG
USPOBUVAULKEG TILECELG TTIOU aVAMTUOCOVTOL 0TO AU ToU AadloU petaél Tou potopa
KOL TOU OTATOPO KATADEPVOUUE KOL QTTOMOKPUVOUUE Ta SUO UEPN, WOTE va PNV
uTtapyxel enadn HETAAOU pE METAAAO KATA TN Asttoupyila. H xpAon tTwv woTKWV
ebpavwv dev meplopiletal povo Ot VOUTIKA CUCTAMATA TIPOWoNG, aAld eival
Sladedopévn kal o MePLOTPEPOUEVEG UNXAVES OTIWE AVTALEG, CUUTILECTEG, K.QL.

ITOX0G TNV TapoloOg €pyaciog elval n HEAETN KOL N HOVIEAOMOINON TWV
KATAOKEUAOTIKWY OPaAUATWY TNG €MLPAVELAG TOU OTATOPO QUTOPPUBULIOUEVWY
woTlkwv €bpavwy, kabBwg kal n Toootikomoinon NG emidpacng Toug OTLg
TIAPAUETPOUG  Aettoupylag Twv edpavwyv. MNa 1o Adyo autd dnuoupyndnke eva
TPLOSLAOTATO YEWUETPIKO HOVTEAO €VOC TEAUATOC QUTOPPUBUL{OUEVOU WOTLKOU
e6pavou, cupumeP\AUPAVOVTOG TA OXETIKA TUAMOTO TOU AUTAVTIKOU Aaiou Kol Tou
POTOPA. ITO CUYKEKPLUEVO LOVTEAO BewprOnke OTL TO MEAUQ lval TAPAUOPPWHEVO
AOYW €AOOTIKWV Kol BEpUIKwV dpopTioswv. H mapapopdpwon mMPocoUoLAoTNKE WC pia
niapaBoln (kat mpog tig Suo SleuBUVOELG: OKTWVIKA Kol TEPLPEPELOKD) LE KEVIPO TO
onueio otnpleng tou edpavou. H poviedomoinon Twv KOTOOKEUACTIKWY OPOAUATWY
otnv emupAveELd TOU TEAUATOC €YLWVE HE XPNON NMLITOVOEWSWY CUVOPTHOEWV HE
Sladopetikd aplBud nuikupdtwy. To dnuoupynBev poviéAo emAUBNKe pe xprion
Kwdka YroAoyloTikn ¢ Pevotopnyxavikig (CFD) yio Tov uttoAoyLopo Twv TpLBoAoyLlkwv
TOPOUETPWY AELlTOUPYIOG. 3TN OUVEXELQ, HE XPNON €VOC TIPOYPOUOTIOTIKOU
epyaleiou, pag 660nke n duvatotnta eUpPecnc TG B£oNG LOOPPOTILAC TOU TTEAUATOG
yla 6ebopévo wotikd doptio (e§looppomnon wong Kot HNSEVIOUOG TWV POTIWV WG
TPOG To onpeio otNPLENG). TEAOG, yla TNV e€aywyn CUUMEPACUATWY EYLVE KaTaypadn
KAl oVAAUCN ONUOVTIKWY TIAPAUETPWY AELTOUpyilag OMwG To €AAXLOTO TAXOG TOU
AutaviikoU ¢, n por TPLBAG KoL OL LEYLOTEG TLLEG TNG TtieoNG Kal TNG Bepokpaciag
ToUu AutavtikoU. Ol TMEPUTTWOELG KOTOUOKEUAOTIKWY OPAAUATWY TOU £EETACTNKOV
opopouv og eMIPAVELEC TIEALOTOC PE KOIAN, KUPTH 1 KUUATOELSN popdr). EEetaotnke
N EMdPACN TWV KOTOOKEUAOTIKWY 0PoApATWY yio U0 SladopeTikd waoTika dpoptia
KaOwg Kat yla S1adopeTIKA TTAGTN TWV KOTOUOKEVACTIKWY OPaAPATWY petaty 0 kot 20
um.



Abstract

Friction is the main reason of energy losses in mechanical systems. Tribological
components exist on ships, both in the main engine (crankshaft bearings, piston rings)
and in the shaft arrangement with which the engine is coupled (journal bearing, thrust
bearing of the ship). In order to minimize these losses, lubricants are used between
interactive moving surfaces.

The present thesis is concerned with the study of friction losses in large thrust
bearings. Thrust bearings are being used extensively in ships and their main goal is to
transfer the large thrust load generated by the propeller to the hull of the vessel.
Thrust bearings consist of two major parts, one steady (pad) and one rotatable (collar).
Utilizing the hydrodynamic pressure developed by the lubricant film between the
stator and rotor, the two parts can be separated, avoiding metal to metal contact. The
use of thrust bearing is not limited to marine propulsion systems, but it is used in a
plethora of rotating machines such as pumps, compressors, etc.

The aim of the present study is to model the manufacturing errors and examine their
influence on the functionality of tilting pad thrust bearings. To this end, a 3D geometric
model is generated for a single pad of the bearing, considering also the oil and the
respective part of the collar. In this model, it is assumed that the pad is deformed;
deformation is simulated as a 3D parabola across two directions namely radially and
circumferentially with its center being the pivot point of the pad. Manufacturing errors
are simulated as sine waves with different number of waves, varying from 0.5 to 5.
Next, a Computational Fluid Dynamic (CFD) model is set up for calculating the
tribological characteristics of the system. Using an iterative procedure, the equilibrium
position of the bearing is calculated. Finally, attention is given to the trends of
essential operating parameters of the bearing, such as minimum oil film thickness,
friction torque and maximum values of pressure and temperature of the lubricant.

The studied manufacturing errors examined are (a) concavity, (b) convexity and (c)
waviness with one, three or five sinewaves on the pad surface. The cases of concavity
and convexity are simulated with the use of a negative or positive half sinewave. Two
different thrust loads are considered, whereas manufacturing error amplitudes are
varied from 0 to 20 um.



Nomenclature

A pad area (m?)

B pad width (mm)

Cob specific heat capacity of babbitt (J/kg.K)

Cof specific heat capacity of fluid (J/kg.K)

Cps specific heat capacity of the rotor and pad solids (J/kg.K)
D; pad inner diameter (mm)

D, pad outer diameter (mm)

O, pad angle (deg)

Opivot circumferential position of pivot point (deg)

Rpivot pivot radius (mm)

toabbitt babbitt thickness

teollar collar thickness

tpad pad thickness

Fs friction force (N)

Tr friction torque (Nm)

f friction coefficient

H local film thickness (um)

Humin minimum film thickness (um)

Hpivot film thickness at pivot location (um)

L pad length at bearing mid-sector (mm)

My x- component of torque about pivot point (Nm)
M, y- component of torque about pivot point (Nm)
N, number of pads

N rotational speed (RPM)

P specific load (MPa)

p pressure (Pa)

Pr Prandtl number

Py power loss due to friction

Qfeed feeding oil flow rate (m3/s)

Re local Reynolds number



Tamb

Ab

Af
As

fluid temperature (°C)

ambient temperature (°C)

rotor speed at pad mid-sector (m/s): U=wr
fluid velocity vector

bearing load capacity / thrust load (N)
thermal conductivity of babbitt (W/m.K)
thermal conductivity of fluid (W/m.K)
thermal conductivity of the rotor and pad solid (W/m.K)
fluid dynamic viscosity (Pa.s)

fluid kinematic viscosity (cSt)

fluid density (kg/m3)

shear stress (Pa)

rotor angular velocity (rad/s)
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1. Introduction
1.1 The significance of tribology

Tribology is the branch of science that focuses on friction, wear and lubrication of
interacting surfaces that are in relative motion. Friction leads to mechanical power
losses and wear; wear is responsible for the degradation of the interacting surfaces
leading to pour operation or system malfunction. It is estimated that approximately
one third of the worldwide energy consumption is lost into various forms of friction.
As a result, the attempt to limit friction losses can lead to significant savings of energy.

An effective way to reduce friction and control wear is by proper lubrication of the
interactive surfaces. In particular, the two main issues encountered during the
interaction of two solid parts, namely friction and wear, can be tackled if a thin liquid
film is interposed between the solid parts that were firstly in contact. The lubricant
can be solid, liquid or gas. Generally, the thickness of the lubricant film ranges
between 1 and 100 um. Tribology science is concerned with the design of the
interactive surfaces, the optimization of surface treatment and the selection of
appropriate lubricant, which can lead to an effective operation of a given
arrangement.

The field of marine engineering is no exception and comprises many applications
where friction plays a decisive role in overall performance. In ships, important power
losses are present in Diesel engines (in piston rings, crankshaft bearings and
connecting rod bearings, which in total lead to power losses approximately 5-7.5% of
engine BHP), at the shafting system (where losses of 1-2% of BHP in thrust bearing and
journal bearings are found), as well as in the gear unit (with losses around 1-2% of
BHP), if present. Energy cost due to friction and wear for a particular mechanical
component may seem low compared to the total power of the device, but if they are
examined under the scope of annual costs of a certain fleet of sea-going vessels, the
power savings can reach a considerable value.

1.2 Literature review

In normal operating conditions, a properly designed fluid film bearings operate in the
regime of full film lubrication with rubbing surfaces completely separated by a
lubricating film. In bearings, the film thickness of the lubricant ranges between
micrometers and several dozen micrometers. A common assumption made in
theoretical analyses of such bearings is that the sliding surfaces of stator and rotor are
geometrically ideal. In practice such an assumption is not realistic due to cutting
machine inaccuracies, which always occur despite of precise contemporary
manufacturing techniques. Usual tolerances approach the value of 20 micrometers,
which is comparable to minimum film thickness.

Apart from machining inaccuracies the shape of sliding surface is also affected, during
operation, by bearing loads, which leads to deformations due to temperature
distribution and film pressure. In most cases these effects are nowadays taken into
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account in theoretical analyses, while the effect of manufacturing imperfections —
including roughness, waviness, non-planarity and also wear of the sliding surfaces has
been very rarely investigated before. In these few studies the performance of journal
bearings with surface imperfections has usually been investigated. For example,
Burton [18] and Li with Chen [19] theoretically investigated the influence of surface
roughness on bearing properties. Imperfections of bearing geometry, such as ovality,
conical shape and errors in circularity were theoretically studied by Pande and
Somasundaram [20] and showed changes in gas bearings’ characteristics. Wilson [21]
proved that theory experimentally. Shelly and Ettles [22] in their study analyzed the
influence of transverse and longitudinal surface waviness, with the amplitude of
2.5 um and circumferential length of 100 um on journal bearing performance. In [23]
and [24] the influence of geometrical imperfections and roughness on load carrying
capacity of a radial bearing was tested. Fillon and Bouyer [25] and Litwin [26] were
studying the influence of wear of the bush on bearing characteristics, while Dobrica
and Fillon [27] theoretically examined the effect of circumferential scratches on
bearing operation.

From the above it can be concluded that surfaces of a bearing with manufacturing
errors have noticeable influence on bearing performance. Manufacturing errors can
affect load carrying capacity, bearing losses and distribution of film pressure and
temperature. This is highly important in case of high loaded bearings in which
minimum film thickness is small and becomes comparable to the size of the analyzed
imperfections

In case of thrust bearings, various modifications of the sliding surface shape were
studied. For example, Papadopoulos et al. [28] using CFD examined the effect of
microdimples machined on the bearing surface. Fouflias et al. [29] studied the
influence of inlet chamfer and a pocket on the performance of a thrust bearing. In [30]
and [31] a study was carried out about the influence of the hydrostatic pocket
machined in a tilting pad thrust bearing. Despite all these examples, thorough and
systematic analysis of the influence of manufacturing imperfections on performance
of tilting pad thrust bearings has not been published before. The significant influence
of manufacturing errors which can change bearing operation was experimentally
shown by Roylance [32], who compared thrust washers with an introduced convexity
of 1.9 um to the flat ones. It was shown that the differences in minimum film thickness
were up to 5 - 10 um, which leads to the conclusion that influence of the sliding
surface profile on bearing performance is really important.
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1.3 Goal of the present study — Thesis outline

In the present thesis, thrust bearings are modeled using Ansys CFX. A
thermohydrodynamic approach is followed, taking into consideration pressure
generation and heat dissipation due to shear stresses in the lubricant domain, as well
as conjugate heat transfer through the solid domain of the system (rotor and pad
solids). Further, elastic/thermal deformations are taken into consideration by
appropriately applying a parabolic type of deformation, centered at the pivot location
of the bearing pad. Due to limitations imposed by the use of the Reynolds equation,
the use of Navier - Stokes equation solvers is imperative for detailed
thermohydrodynamic analysis of fluid bearings. In order to calculate the equilibrium
position of the thrust bearing (minimum film thickness, rotations about the pivot
point), the CFD solver is coupled with an external iterative solver, which is based on
the Newton - Raphson method.

The particular aim of the present study is to determine the influence of manufacturing
tolerances on the performance of a fluid film thrust bearing. First, the CFD model of
the bearing pad is developed and validated against the results of Dgbrowski and
Wasilczuk [2]. Then, the model is appropriately extended to simulate different
manufacturing errors of the stator surface. In particular, five different cases are being
considered:

» Concavity (positive half sinewave)
» Convexity (negative half sinewave)
» Waviness (one, three and five sine wave)

Two different thrust loads (680 and 1360 kN) are studied, whereas error amplitudes
are ranged from 5 to 20 microns. Finally, the summarized findings of the study are
presented and conclusions are drawn.

(@) (b) (€)

Figure 1 Sketch showing pad with manufacturing errors of: (a) convexity, (b) concavity, (c) one sine wave, (d)
three sine waves and (e) five sine waves
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2. Thrust Bearing

2.1 Overview

There are two main types of thrust bearings: bearings with rolling elements and fluid
film (sliding) bearings. In Marine Engineering, due to enormous sizes and special
operating conditions, sliding bearings are mainly used; their function is studied with
the use of the hydrodynamic lubrication theory. Generally, bearings are machine
elements which support rotating mechanical components. The main objectives of the
bearings are the support of radial — axial loads, the minimization of the friction torque
between moving parts, the reduction of vibration and noise and the endurance to
shock loads. Lubrication of bearings is of great significance, in order to keep friction
losses and developing temperatures low.

Bearing with rolling elements can carry a load by placing rolling elements (balls,
rollers) between two bearing rings called races. There are five types of rolling
elements: balls, cylindrical rollers, tapered rollers, barrel rollers and needle rollers.
Typical bearings with rolling elements range in size from 10 mm diameter to a few
meters diameter and have load carrying capacity from a few grams to thousands of
tonnes.

Thrust bearings can support high static or dynamic loads [4]. As a result they undergo
high mechanical wear. Therefore, it is of high importance, to be able to estimate their
expected lifetime and determine appropriate preventive maintenance measures. The
useful lifetime of a thrust bearing can be quantified in terms of the number of
revolutions or the corresponding operating hours (for a given speed), up to which the
bearing will work appropriate without any signs of critical wear. In particular the
nominal life of a thrust bearing is defined as the absolute number of revolutions, in
millions, for which 90% of a series of the same bearings, do not show signs of fatigue.
By definition dynamic strength number of a bearing is defined as the constant load
(radial for radial bearings and axial for thrust bearings) for which the nominal life of
the bearing is 1 x 10° rotations.

Figure 2 (a) Bearing with rolling elements (b) Thrust bearing

Thrust bearings can be either hydrostatic or hydrodynamic, depending on the type of
the pressure build up mechanism. Generally, fluid film thrust bearings have lower cost
for industrial production compared with rolling bearings of the same load rating.
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Furthermore, the design of fluid film thrust bearings is simpler, whereas maintenance
requirements are much less and life expectance is by far superior, particularly for the
hydrostatic lubricating bearings, due to the existence of a pump which helps bearings
to prevent the usual wear during the start/stop function. Also thrust bearings are
characterized by increased stiffness when operating at high loads. Finally the bearings
are, admittedly, less noisy and provide more smooth operation and, therefore,
predominantly used in applications with time varying load and operational
requirements with reduced noise and vibration.

On the other hand, fluid film thrust bearings are also characterized by certain
disadvantages. One of them is the worsening of operating characteristics (power
consumption, stiffness) because of the increasing temperature of the lubricant.
Furthermore, due to the usage of lubricant, fluid film thrust bearings can be
characterized unsuitable for use in environments in which leakage of lubricant can be
disastrous. Finally, as mentioned earlier, fluid film thrust bearings show large amounts
of friction losses and high rates of wear during start and stop, consequently they are
not suitable for applications where starts and stops are frequent.

2.2 Hydrodynamic Lubrication

Osborne Reynolds (1886) was the first who observed that a lubricant flows through a
converging wedge between a shaft and a journal bearing. As shown in Figure 3 while
oil flows from inlet point to the outlet the oil volume reduces which leads to a pressure
build-up. The horizontal plate is usually called rotor and it moves with a constant
velocity ur and the tilt plane is stationary and is called stator.

UG —

X ]
[ wall (horizontal plate) - ‘
VY = <
_ 3
=~ . Y
:G... %
S
the maximum film
pressure point
¥

Figure 3 Converging wedge between a pad and a collar

At the surfaces of stator and rotor is being occurred the well-known non slip condition.
This means that, the liquid right next to the solid surfaces, it moves with the same
tangential velocity of the surface. This is called Couette flow and is a result of the
Newtonian rule of liquids. The Newtonian rule states that the shear stress needed to
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deform a fluid is linearly proportional to shear strain. Viscosity is the ratio of stress to
strain.

T=pX—— (1)

The theorem of continuity defines that the volume of fluid entering the channel per
unit time is equal to the flowing out. Nevertheless, the flow crossing from inlet, outlet
depends on the velocity at the boundary, and if velocity is equal then without any
pressure build-up, the flow continuity is satisfied. However a thrust bearing with
parallel surfaces won’t be able to support any load due to the significant ability of a
lubricant film to support a load only when pressure build-up in the channel.

 —— )]
Moving Plate

u(y)

T Stationary Plate

Figure 4 Couette flow in parallel surfaces

Figure 4 shows the flow of two nonparallel plates. The plate width is considered large
so as not to take into account the flow in that direction. In first picture (Figure 4(a)),
the volume of lubricant at inlet point is greater than the volume at the outlet point.
As assumed before, in order to satisfy the flow continuity condition, there is an
increase of pressure across the lubricant wedge. Due to the existence of pressure, fluid
will try to move from high pressure regions to the lower pressure areas creating a flow
pattern called Poiseuille flow (Figure 4(b)). By combining the Couette flow with the
Poiseuille flow we get Figure 4(c) which depicts the actual flow pressure and velocities
of a typical fixed-inclined thrust bearing.
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Figure 5 Typical flow and pressure field of thrust bearings
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2.3 Mathematical approach
2.3.1 Governing equations

Navier Stokes are the governing equations of heat dissipation and viscous flow in fluid
mechanics. Navier Stokes equations are an extension of Euler equations which refer
to inviscid flow. They refers to:

» Conservation of momentum equations
» Continuity equation for conservation of mass
» Conservation of energy

The externally applied forces cause fluid flow. These forces are pressure differences,
shear, gravity, surface tension and rotation (driving forces). Driving forces can be
separated in two different categories: those that are proportional to area (surface
forces) and those that are proportional to volume (body forces). The forces that are
related to body are gravitational, magnetic-electric fields and centrifugal, while the
fluid static pressure and viscous stresses are related to surface forces. About shear
force, it is created by the motion of a rigid wall relative to the fluid.

Momentum equations

For an arbitrary portion of the fluid if we apply the Newton’s second law (conservation
of Momentum), we get, from Navier Stokes equations, the general vector-form:

apVv
at

+VX PV RV)=-Vp+Vr+S (2)
where,

V: velocity vector

p: fluid density

p: pressure

T: total stress tensor

S: represents body forces acting on the fluid (per unit volume)

The S vector field most of the times consists of gravity, but in many cases it may be
neglected. This assumption, generally, is valid only for hydrodynamic lubrication
problems, consequently fluid motion is the result of a pressure field and a shear arising
by the imposed motion.

For Newtonian incompressible fluid flows (for Mach numbers lower than the value of
0.3), the Eq.(2) is simplified as:

p(S+V-W)=-Vp+Vr (3)

Eq.(3) can separate into three equations for each direction (x, y, z) with the velocity
vectorasV = (u,v,w)
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X direction

ow 20
oo)] — 55 ) (4)
Y direction

pGrugtvgrwy) =S+l G Rl 25kl + 2l G

915 0m <5>
Z direction

(G rugrrogrwi) =Sk G Rl kGl

2 (u22) =22 (uvv) (6)

Continuity equation

Conservation of mass is necessary, regardless of the flow assumptions. This is achieved
with the continuity equations (in general form):

ap —9p  9(pw) | d(pv) | I(pw) _
6t+v(pv)_6t+ dx + dy + az

0 (7)

But for the case of incompressible flow, density is constant, so the mass continuity
equations is simplified to a volume continuity equation:

ou v ow
it = 0 (8)
Energy equation

At a differential control volume in a moving fluid in steady conditions, the
conservation of energy applied, denotes that net rate at which energy goes into a
control volume, plus the rate at which heat is being added, minus the rate at which
work is done by the fluid, is equal to zero. After manipulation, the thermal energy
equation gets the form:

pcpf(ug—z+vg—§+w%)=Af(g+((;27€+g)—ucb+q (9)
where,
As: thermal conductivity of the fluid
Cpy: specific heat capacity of the fluid
g=0: heat generation

@: viscous dissipation
o=2(G) + () + G ]+ Gor ) + G5 + (5243 w0
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The terms at the left-hand side of the equation account for the net rate at which
thermal energy go away the control volume duet to bulk fluid motion. On the other
hand, at the right side of the equation, the terms account for net inflow of energy due
to heat generation, conduction, viscous dissipation. The net rate that mechanical work
is irreversible converted to thermal energy due to viscous effects in fluid is
represented by viscous dissipation. The term of “q” (heat generation) express
conversion from other forms of energy (electrical, chemical, nuclear, electromagnetic)
to total energy.

Heat transfer equations

Heat is transmitted by means of convection and conduction. Convection exists due to
intensive flow, conduction takes place in all structural components of the bearing.

Heat that is transferred due to the phenomenon of conduction obeys Fourier’s law
(expressed for a three dimension field):

(11)

q" = —AxXVXT = —A (a_T or 6T)

dx 5 Z
where,
q'': heat flux

Ag: solid thermal conductivity

Respectively, convectional heat transfer can be calculated by:

q" = a(Twau — Touix) (12)

The “a” factor represents the convection coefficient (W/m?K) and depends on the
relation between thicknesses of temperature and velocity boundary layers (Prandtl
number Pr) and also the type of flow (turbulent or laminar) which is expressed by the
Reynolds number.

v _ Cpi  viscous diffusion rate
—_— —~

Pr = (13)

a A thermal diffusion rate

Uh inertial forces
Re = 222 2 07C8 (14)

v viscous forces

State equation

The viscosity of the liquid is a function of the temperature and is represented by
empirical models or simplified mathematics which are valid only for a small
temperature range and for selected fluids. The simplest model was first proposed by
Reynolds (1886):

u(T) = poe=>" (15)
Where b, Yo are coefficients

A more accurate relationship between viscosity and temperature for hydrocarbons
and petroleum based oils is given by McCoull-Walther’s equation:

loglog(v + 0.6) = A — Blog(T) (16)
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where,

v: kinematic viscosity

A, B: constants for a given liquid

From Eq.(16) higher temperatures result in lower viscosities.

The dynamic viscosity (or absolute) is obtained by multiplying fluid’s mass density with
its kinetic viscosity.

u=pv=p- (1010A‘Bl°g(T) _ 0,6) (17)

Eventually, the effect of temperature and pressure in liquid’s density is small, for this
reason the density is considered to be constant in the present thesis.

p(p, T) = constant (18)

Summary of governing equations

Eqgs. (4)-(6),(8-9),(17) comprise a six by six system with the unknowns (u,v,w,p,u,T)
which completely describes the problem of hydrodynamic lubrication. With the help
of Navier Stokes equations the velocity field is solved but other quantities of physical
significance may be derived. The values of pressure, flow rate or drag force are usually
of high interest.

2.3.2 Reynolds approximation

In every fluid flow problem the Navier Stokes equations are nonlinear partial
differential equations, which makes them really difficult to solve. Even in the simplest
case of laminar flow of an incompressible fluid also nonlinearity exists due to the
change in velocity over position (convective acceleration).

On the other hand, in case of one-dimensional flow we can simplify the equations to
linear form which leads to a straight forward solution. The person who reached a
closed form solution of hydrodynamic lubrication problem by using linear form of
Navier Stokes equation coupled with the continuity assumption was Osborne
Reynolds. However, he had to take some assumptions, the most important of which
are:

Laminar and incompressible flow assumption.

Zero pressure gradient through the oil film thickness
Infinite width approximation

Isothermal flow

o 0 T W

There are two types of bearing, the fixed and tilting pads. The Reynolds equation, most
of the times, is written in cylindrical coordinates. Nevertheless, due to the film
thickness is small in comparison with the radius of curvature in thrust bearings, the
Reynolds equation is written in Cartesian coordinates without having significant loss
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of accuracy. Figure 5 shows a typical 3D sketch of thrust bearing and how the
corresponding reference coordinate system has been taken for calculations.

ROTOR

Figure 6 3D sketch of a thrust bearing and how coordinate system has been taken for calculations

The Navier Stokes equations are written, taking into account the above assumptions:

X direction
ou, L, _dp (0P o
p(uﬁ-l_wi) - 6x+ﬂ(6x2 + 622) (19)
Z direction
ow ow\ _ _ dp az_w 02w
P(”EJFWE)— az+”(ax2+az2) (20)

We want to get the above equations into dimensionless form so we use:

4 Ly:lengthin x direction [m]

4 L;:lengthin z direction [m]

% Up:velocity in x direction [m/s]
4+ Wo: velocity in z direction [m/s]
4 po:density [kg/m3]

% np:dynamic viscosity [Ns/m?]
4 po:pressure [Pa]

Using the above parameters the non-dimensional parameters are:

x z u L w
==, =2 =", w==2 =2 =B = B0
Ly Ug Ly up Po Ho Po

The velocity w”* is scaled in order to get the same Reynolds number in the two
directions (X, Z). Using the dimensionless into Eq. (19):

1 out 1 ou* 1 podp* 1 ug 0%u* | up 9%ut\ u*
Sudu T Tudw S = LRI L Mol BN ()
Ly Ox* Ly az* Ly po 0x* p* = po \L% 0x* Ly 0z*° ) p*

Rearranging and multiplying by Ly/uo?
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ou* ou* 1 0p* 1 L Ly\% 02u* | 8%u*| u*
u*_+W*_=_@_2i_+”°_xz (_z) 2+_2”_ (23)
ax* az* pouy 0x* p* = pouoglz | \Ly/ 0x* 9z*“ | p*

where the inverted Reynolds number appears:

Ly

pouol:

By defining the reference pressure as:
Ly
po =5 (25)

we get, the non-dimensional form in x direction

ou* ou* 1 ap* 1 1 L\2 2w au|w
w2 = L () 2= +255|% 2
ox* + az* Re* 0x* p* Re* [ Ly dx*? dz*? p* ( 6)
In a similar way, the Eq. (20) yields:
ow* ow* 1 (L,\%0p* 1 1 L\2 02w*  a?w*]u*
w S pw S = - () B (22) w L 27
ax* + az* Re* \L,/ 0x* p* + Re* | \Ly dx*? + dz*? p* ( )
From assumption “c” L,<<Lx so we can neglect L,/Lx (in Eq. (26)) :
ou* ou* ap* 1, o%u*pu*
Re*u*—+ Re'w — = ——— — 2
ax* + az* ax* p* az*? p* ( 8)

Creeping flow is what fluid flow is in lubricating contacts, therefore inertial
phenomena which are expressed through the terms multiplied with the Reynolds
number in Eq. (28) can be neglected:

o _ 0
ax* " 9z+? (29)
Integrating twice, the last equation, with respect to z we get:
wu=-=%,244,+B (30)
2u 0x
where,
A,B : constants
Applying appropriate boundary conditions Eq. (29) can be solved
atz =0 — u = U, (rotor)
at z = —h(x) — u = 0 (stator)
Substituting,
Uy hoop
= —t——, B =U
h  2uodx 0
Therefore velocity can be calculated as:
_ (Z2=zh)op | Uoz
u= ” ax+h+U0 (31)
Eqg. (31) combined with Eqg. (1):
_op(, _h\ Uk
T= dx (Z 2) + h (32)



The continuity equation for the one-dimensional slider states that:

ou ow

a E =0 (33)
Integrated Eq. (33) with respect to z we get:
h _ (~h()ou
wl = fo - dz (34)

By substituting Eq. (31) to Eq. (34), interchanging the differentiation and integrating,
we get:

_ 0 [10dp (~h(x), 5 i) —h(x) z _
(wp, —wp) = — Zafo (z? - Zh)dZ] - a[fo ZUOdZ] =

CD[La( w0 Uy 2 (12 3y oon (35)
ax lzuox \ 3 2 ax L\ 2n J1 = ax\12p0x 2 9x

.. oh . oh
For steady state conditions o= 0, the left-hand side term (w;, —w,) = — =10 so

ot
Eqg.(35) yields:

d (,30p\ _ dh
—(h322) = 6uU, - (36)

Eqg. (36) represents the most common form of Reynolds equation. In fixed converging
bearings film thickness is a linearly decreasing function of bearing length. To express
film thickness we usually use the convergence ratio k (where k=(h1-ho)/ ho)

h1, ho defined in Figure 6

Z | u

H1

Figure 7 2D sketch of converging wedge and how coordinate system has been taken for calculations

According to Figure 6 h can be calculated as:
(h1—ho) k-
h=h(x)=h0+%-x=h0-(1+7x) (37)

For a given converging wedge, the pressure distribution over the bearing length can
be calculated from the equation:

_GMUL( 1 ho ki1 1
p(X')— khgo ( h+h2 k+2+h0(k+2)) (38)

The lad that a specific film geometry can support is calculated by:

W = fOB fOLpdxdy (39)
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Utilizing the Eq. (38) to Eq. (39) we get:

W _ 6uUoL [ 2k
B k22 ( InCk +1) + k+2) (40)

When a thrust bearing operates except for axial (thrust) forces, friction forces arise.
Friction forces resist the rotor motion and have a negative impact on the bearings
efficiency. The friction force is calculated as the integral of viscous shear stresses over
the bearing surface.

B (L
F=[J tdx (41)
The friction per unit width, based on Reynolds theory, can be easily calculated as:
F _ uUoL ( 6  4ln(k+1)
B hg (k+2 k ) (42)

Combining Eq. (40) and Eq. (42) friction coefficient, in bearing with infinite width, can
be calculated as:

F Reynolds kh0[3k—2(k+2ﬂn(k+1)]

f=g——f=7 6k—3(k+2)In(k+1) (43)

From Eq. (43) it can be concluded that friction coefficient is independent from viscosity
and operational speed. This mean that for a given value of the hg term (minimum film
thickness), it is possible to optimize performance by finding the optimum value of the
convergence ratio.
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2.4 Design and performance parameters
Geometry

Trust bearings consist of a different number of pads (usually Np=6 or 8). A typical
arrangement of pad is illustrated in Figure 7. Between its pad there is a groove from
where oil is being supplied to each pad. Usually, fresh oil is fed from the inner radius

of the pads. Pads principle dimensions (see Figure 8):

The specific pressure that develops in the pad area ranges between 0.5 and 3.0 MPa.

Pad width B
Inner radius Rin
Outer radius Rout
Pad angle O,
Groove width Lg
Pivot radius Ry
Pivot angle Opivot

wey\ o

& >

N U

Figure 8 Typical arrangement of a thrust bearing with eight pads

Pad angle

Inner Radius

Pivot Radiys

Figure 9 Principal dimensions of a beating pad

Pivot location

The specific location of the pivot has an important effect on the performance of tilting
pad thrust bearings. The pivot location is estimated with the circumferential position
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which is expressed as a percentage of pad arc length measured from the inlet face of
the pad and his radial position which is determined as percentage of pad width
measured from pads inner radius. According to [7] if the pivot is placed between 55
to 58 % of the bearing width the radial tilt angle is zeroed. For the optimal
performance of a bearing pivot is placed about 60 % of the pad length, at the
circumferential direction, beyond the leading edge. On the other hand, it has been
found that a pivot’s location at the 70-75 % of the pad length (beyond leading edge)
could give the highest possible loads and also the lowest bearing metal temperatures
[8]. The simplest, from a manufacturer’s point of view, is the centrally located pivot
point. According to Reynolds theory, centrally pivot point bearings have zero load
carrying capacity due to the asymmetric pressure profile will cause a moment which
will align the pad parallel to the collar. A parallel pad is not able to operate because it
can’t generate hydrodynamic pressure. That, of course, is theoretical because in real
operations metals deform, which leads to appropriate wedge film geometries that are
able to develop hydrodynamic pressure.

Materials

A quite important parameter, from the manufacturing point of view, is the choice of
the bearing material and also their thickness. The maximum pressure that is
developed during the operation of a bearing is not large enough to cause damage
(Pressure up to 5 MPa). The most crucial thing is to select a material with appropriate
thermal properties due to high thermal loads arising from friction. The temperature
on stationary pad are higher than those of rotor. This happens mainly because, every
point of the pad is exposed to the same flow characteristics unlike to the rotor of
which every point periodically passes over cooling grooves that help rotor to reduce
its temperature.

Sometimes pads’ surface is covered with a thin layer of Babbitt metal. This helps to
have better heat conduction. Babbitt metal standout for his resistance to scraping due
to its self-lubricating properties. If in any case Babbitt comes in contact with rotor,
because Babbitt is quite soft, that prevents from a massive damage of the rotor’s
surface. Also, in case of any possible damage the replacement of the Babbitt metal is
an economic solution.

A new idea that has come into play is to replace Babbitt metal with composite
materials. It has been observed that some polymers (PolyTetraFluoroEthylene-PTFE,
PelyEtherEtherKetone-PEEK) shows wider temperature ranges, lower friction
coefficients and higher resistance against lubrication oil contaminants than metals. In
case of the surface of a pad that has covered with PTFE layer has proved to give lower
maximum pressure and a more uniform pressure distribution [10]. This mainly came
up due to PTFE has lower value of Young’s modulus than Babbitt.

Oil properties

The main function of a lubricant is to provide a continuous thin layer between stator
and rotor, in order not to come in contact the two parts (for example pad collar), to
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prevent wear and reduce friction. Furthermore, oil is being used for heat extraction
and from preventing oxidation. The most important property of the lubricant is its
viscosity. How much thick will be the thickness of a lubricating film is proportional to
its viscosity. This means that lubricant with high values of viscosity can provide thicker
films and prevent the two parts to come in contact. However, this doesn’t mean that
lubricants with the higher value of viscosity are the best for every application.
Lubricants with high values of viscosity require more energy levels to flow, thing that
increases friction due to generation of heat and also notes an important increase in
temperature. In addition, lubricants with high value of viscosity cannot easily
penetrate into the hydrodynamic wedge at high speeds. Like in any engineering
application the right lubricant has to be properly selected in order to provide optimal
performance and make the function of the bearing efficient.

Feeding oil supply rate
There are three requirements that have to be satisfied for the oil feed to the bearing:

i.  Sufficient flow into the hydrodynamic wedge (in order to separate the two
surfaces)
ii.  Additional oil to match the side leakages
iii.  Maintain temperatures at the desired levels during the bearing operation.

If a much more oil is supplied to the bearing, due to unnecessary oil stream, a
significant amount of churning losses will be developed. An alternative design
suggests direct injection of cold and clean lubricant at the entrance of the channel. In
that way, there is no mixing of oil that enters with oil that exits, so we don’t face
phenomena of circulation streams and backflows. The effectiveness of this design is
limited in low speed applications.

Rotational speed

Fluid velocity is really important for the functionality of the bearing. At low velocities
we have creeping flow so the inertia of the fluid may be ignored. As the fluid velocity
is being increased inertia becomes more important and every and each particle of the
fluid follows a smooth trajectory and fluid flow is said then to be laminar. Additional
increase of fluid’s velocity leads to a not desirable flow called “turbulent flow”.
Turbulent flow may appear into the groove area right next to the pad, but it has been
proven experimentally that, for Reynolds number less than 1000, flow in groove area
can be considered as laminar [9].

-31-



3. Numerical modelling

3.1 Computational fluid dynamics

As mentioned in Chapter 2 the governing equations are solvable only for a small
number of flows in fluid mechanics. The solutions are really important to understand
fluid flows but they aren’t always being used in engineering design or analysis.
Engineers in real designs use different approaches for the most of them, with the most
widespread being the simplification of the equations that are being used. It is a
process that combines approximations and dimensional analysis which represented
with non-dimensional parameters such as Reynolds and Froude numbers. With this
method researchers reduce the number of independent parameters and are able to
perform experiments on scale models by using the condition of geometric similarity.
However in many cases it may be impossible to set up a scaled experiment with the
most common example of ship. In order to simulate the flow around a ship with his
scaled model you have to accomplish the match of Reynolds and Froude numbers
which is impossible.

In many cases experiments may be too expensive and time consuming. On the other
hand, the measure of some critical data, such as whether fluid separation exists or
whether temperature exceed some limits, may be really difficult to obtained.
However, with growth of computing abilities in the last century, has come up to a new
research field, the Computational Fluid Dynamics (CFD). CFD is the new approach
between theory and experiments in the field of fluid dynamics. In order to obtain a
numerical solution, a discretization method is being used to approximate the
differential equations by an algebraic system which will be simple for a computer to
solve.

As previously mentioned, CFD methods are simple approximations of complex
phenomena. For this reason there are differences between experimental and
computed results. This differences are mostly caused due to:

» Errors due to approximations
> Discretization errors
> Errors due to insufficient iterations
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3.2 Model definition

In the present study, a three-dimensional thermohydrodynamic (THD) model of tilting
pad thrust bearing has been generated, assuming that the collar is rigid and the pad is
being deformed with a constant deformation for each case (Normal Load and Double
load). Also, the pad has covered with a thin layer of Babbitt. With the CFD code ANSYS
CFX, the system of equations presented in Section 3 of Chapter 2 are being solved.

Heat phenomena are taken into account, in particular:

= Rise in temperature caused by viscous flow
= Heat transfer between oil and solids
= Heat exchange with the environment

Geometry

A 3D parametric model of a pivoted pad thrust bearing has been developed using the
Autodesk Inventor software. The model consists of a single pad with part of oil and
collar above it. Due to, there is no structural link between pad and collar, the load
from the rotor is being transferred to the supporting pad through the film of
lubricating oil.

The basic geometric parameters of the model according to [2] are presented in the
table beneath:

Geometry dimensions
Number of pads, Np 8
Outer diameter, Do 1800 mm
Inner diameter, D; 800 mm
Pad angle, O, 35 degrees
Pivot circumferential position, Opivot 54 % of pad circumferential length
Pivot radius, Rpivot 56 % of pad radial width
Pad thickness, tpad 100 mm
Babbitt thickness, tyapbitt 3 mm
Collar thickness, tcoiiar 80 mm

Table 1 Basic geometry dimensions for the thrust bearing of the present study
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Oil and Solid Properties

The thermo-physical properties of the lubricant oil and solids are presented in Table
2.

Lubricant - VG46
Viscosity law McCoull and Walther
Dynamic viscosity at 40°C, 4o 0.0398 Pa.s
Dynamic viscosity at 100°C, uio00 0.0060 Pa.s
Density, p 867 kg/m?3
Thermal conductivity, Ay 0.13 W/m.K
Heat Capacity, cyf 2035 J/kg.K
Oil temperature at inlet point, Ti, 30°C
Feeding oil flow rate, Qfeed 0.00017 m3/s
Collar - Pad
Thermal conductivity, As 47 W/m K
Heat capacity, cps 434 J/kg.K
Babbitt
Thermal conductivity, Ap 24 W/m K
Heat capacity, cp» 230 J/kg.K

Table 2 Thermophysical properties of the lubricant oil and solids

Lubricant - VG46

0,07 H=(10*(10*(n-m*log(T)))-a)p
n=9.382852
@ 0,06 m=3.67055
[a
S 0,05 a=0.6
>
Z 0,04
S
£ 0,03
€ 0,02
g
& 0,01
0
20 40 60 80 100 120

Temperature T(°C)

Figure 10 Temperature dependence of VG46 viscosity

-34-



Boundary Conditions

Boundary conditions shows how the flow conditions has been defined at each face of
the domain. Every domain consist of 6 faces. In the present study boundary conditions
has been taken as shown in the Table 3.

Coy
I
5
F. 5

Iﬂ'ﬁ. collar-inner surface

1

collar-outer shirface
| — e — e —
—

filn-outer =9
e —

--'__-_ "
film-inner side

-l
__Babbitt-inner side

pad-innar surface

Figure 11 Sector pad bearing: name convention of rotor, pad, Babbitt and film boundary surfaces
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Collar
Top surface / Outer surface

Bottom

Inner surface
Sides

Pad

Top

Bottom / Outer surface / Inner
surface
Inlet Side / Outlet Side

Fluid Domain
Inlet
Outer side / Outlet

Heat transfer coeff: 25 W/m2.K, Tamp=20°C

Fluid-Solid interface: Continuity of heat flux and
temperature

Heat transfer coeff: 1000 W/mZ2.K , Tamp =30°C
Periodic Conditions

Solid-Solid interface: Continuity of heat flux and
temperature

Heat transfer coeff: 100 W/m2.K , Tamp=30°C

Heat transfer coeff: 100 W/m2.K , Tamp=30°C

Opening: zero relative pressure”, Opening Temp.=30°C
Outlet: zero relative pressure”,

(*) nis the vector normal to the surface

Babbitt

Inlet / Inner / Outer side /
Outlet
Bottom

Top

Heat transfer coeff: 100 W/m2.K , Tamp=30°C

Solid-Solid interface: Continuity of heat flux and
temperature

Fluid-Solid interface: Continuity of heat flux and
temperature

Table 3 Thermal and flow boundary conditions of the model
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3.3 The Newton — Raphson method

In order to adjust the film geometry there has been built a code of Newton-Raphson
method which takes the parameters of hpivot, Opitch, Bronl and adjust them according to
the equations below:

L (B
W - VVreq = fO fO pHdedy - VVreq =0 (44)
L (B
M p = fo fO pusxdxdy =0 (45)
L (B
My, = [, [, pusydxdy =0 (46)
Pus: pressure after application of the Half-Sommerfeld boundary condition
_ {p ifp> 0}
PHs = 0ifp < 0

If Eq. (44) - (46) are below a threshold means that we have reach the desired film
geometry.

The Newton-Raphson method is a simple multidimensional root-finding technique
which can be applied to any N-dimensional system. Starting with an initial guess for
the independent variables, the main idea of the Newton-Raphson method is that a
function is approximated locally by its tangent line. The point of intersection between
the tangent line and the x-axis will be a better approximation of the function’s root
than the first guess and the method continues that way until it reaches to a solution.

In our case we have a system of three functional relations to be zeroed with three
independent variables:

Fi(x1,x2,x3) = 0 (47)
F5(x1,%x2,x3) = 0 (48)
F3(x1,x3,x3) =0 (49)

Newton-Raphson’s method requires the calculation of the functions derivatives. The
approximation of the true local derivatives, if the analytical expressions aren’t
available are defined as:

F(x+dx)—F(x)

F'(x) ~ 220

(50)
In the neighborhood of x, each of the functions Fi can be expanded in Taylor series:

F;(x + 6x) = F;(x) +Z3 OF;

7=15, Sx; +o0(6x?) i=(1,23)j=(123) (51)

The matrix of partial derivatives appearing in Eq. (51) is the Jacobian matrix J:

[axl axz aX3]
OF, 0F, OF,

] zllaxl 0x; ax3J (52)

0F; 0F; O0F3
dxq 0x, 0x3
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The determinant of matrix J is calculated:

det] = aF, (6F2 0F; _ 9F; 6F3) OF, (aFZ 0F;  9F; 6F2) aF, (6F2 OF;  0F;
- axl axz aX3 6x3 axz axz axl 6x3 axl 6x3 6x3 axl axz axl
apz)
— 53
o7, (53)

By neglecting terms of order 6x? and higher and also by setting F;(x + 6x) = 0, we
obtain a set of linear equations for the corrections 6x that move each function closer
to zero simultaneously, namely:

J6x=—-F (54)
The corrections are then added to the solution vector:
Xnew = Xo1a T bx (55)

Which, in expanded form, reads:

X1,new = X1,0ld

0F, 0F; 0F, OF; F, 0F; 0F; 0F OF,
(22 52 55) o) + (52 - 92 2 Falotna) + (32

axz

a—a'a—) - F3(xy, old)> /det] (56)

X2new = X2,01d

0F, 0F; 0F; 0F, F, 0F; 0F, 0F, oF,
(0280505 ) + (22 22 ) 4 (2

dx3 0x; 0x3
e e 2 (xz,old)> /det] (57)

X3 new = X3,0ld

0F, 0F; 0F, O0F; F, 0F; 0F; OF oF;
(522 55 22) g ) + (S 92 2 Fala) + (32

ax1 axz axz axz axl axz 1 axl

T TE) Fa(xs old)> /det] (58)
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Figure 12 Schematic process of Newton-Raphson method
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3.4 Mesh study

The equations showed in Section 2.3 are solvable for a finite volume grid. The main
purpose is to discretize, a large continuous physical domain, in small pieces for which
the solution of complex equations will be feasible. An important factor is the quality
and density of the mesh that will be used. A quite fine grid can lead to better and more
realistic results and find a solution faster, but it may burden the performance of the
software.

In the present model, we used a hexahedral mesh for all domains (pad, Babbitt, collar,
film). In order to approach the thermal boundary layer with good accuracy, we made
a denser grid to the rigid surfaces. In the Figure 12 a typical mesh o our model is
depicted.

Figure 13 Typical mesh of model of the present study

-40-



A mesh study was performed in order to verify the accuracy of the results given by the
different grids. We changed the element layers along the film thickness and the
number of divisions across the two different directions (radially and circumferentially).
We tested the mesh quality at the design case of 187.5 RPM and at load capacity of
680 kN. The results are given in the Figure 13.

1,6
Number of layers
1,4 across film
15 layers
2 12
S . eeee. 18 layers
L5
3 o 1 = « + 20 layers
T =
o o — = =22 layers
= <08
O Y
c £
9 00,6
B = \
3 04 .
(e ’ \ s~~‘ ______________________________________
\°,
0,2 VL
.. _ e — .t —— . -
o | e
0 1000000 2000000 3000000 4000000 5000000

Number of Nodes

Figure 14 Mesh study analysis

As can been seen, if number of layers are greater than 18 layers along film thickness
and number of nodes greater than 1 million, the deviation of load capacity from finest
grid is lower than 0.4 %. In our cases it was chosen the grid with 22 layers along film
thickness and 150 number of divisions across the two different directions
(approximately 1 million of nodes). Even though it was too dense for the simple case
of the deformed pad we took it to be sure that it will provide sufficient accuracy for
the cases examined in Chapter 4.
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4. Thrust Bearing Simulations
In the present study, a model of single pad with the included oil film and part of rotor
above it has been studied, under the effect of two different thrust loads:

i. 680kN
ii. 1360 kN

For each load we compare the results of the basic model, which is the state of
deformed pad model, with the cases of concavity, convexity, one-sinewave, three-
sinewaves and five-sinewaves (we assume that error amplitudes are functions of
sinewaves). Every case has been examined for error amplitudes from zero (deformed
model) to twenty microns. At the end, we will be able to see how the manufacturing
errors affect the functionality of the thrust bearing.

4.1 Thrust load of 680 kN

4.1.1 Deformed pad geometry

In the deformed state of the pad we have assumed a constant deformation of 20
microns from plain pad across the two directions (radially, circumferentially) with this
value stated at the inner radius (radially) and the intake of the oil film. This assumption
has been taken from the TEHD study [2]. The deformation of the pad has been
simulated as a parabola with its center at the pivot position of the pad. A typical 3D
sketch of deformed pad situation is depicted in Figure 14, in enlargement.

(a) (b)

Figure 15 (a) Pad deformed radially, (b) Pad deformed circumferentially
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In Figure 15, it is showed how the temperature of the model is being formed and also
how heat power is being transferred through the solid parts.

558104001
5.212e+001
4 BA4e+001
447504001
4 106e+001
3.738e+001
3.369e+001

3.000e+001
Kl

Figure 16 Temperature distribution in the lubricant and solid domains of the bearing pad.

Figure 16 (a) presents the distribution of pressure at three different positions (25%
pad width, 50% pad width and 75% pad width). As shown, the biggest pressure
appears at the mid sector and as we get away from the mid sector the pressure
decreases, mostly due to fluid leakage. Figure 16 (b) presents the distribution of
temperature at the same position. In temperatures situation we see that the max
temperature increases as we reach at the outer point of the pad and maximizes at the
position where the Hmin point reach (see contour of temperature). Figure 16 (c) shows
the film region between pad and collar.
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Figure 17 Deformed: (a)Chart of pressure (b)Chart of temperature (c)Film Profile
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In Figure 17, contour of pressure, temperature and film thickness are presented.
Temperature attains a maximum at the outer region of the bearing close to the
lubricant outflow. This can be attributed to the effect that collar and pad are at the
closest distance and oil heating due to viscous dissipation as well as the action of
centrifugal forces. Pressure is being maximized at approximately of 65% percent of
the bearing min sector (from inlet point). Minimum film thickness appears at back
outflow position of pad as seen in picture below.

(a) (b) (c)
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Figure 18 Contours of deformed pad : (a), (b) Temperature / pressure distribution at the babbitt-film interface,
and (c)Film thickness distribution.
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4.1.2 Convexity

In case of convexity, as Figure 18 presents, minimum Film thickness increases up to
6.5%. The friction torque decreases 0.8% and as a consequence, temperature
decreases 1.5°C.

Convexity
69,00

o))
[¢]
o
o

7

67,00
(a) 66,00
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Minimum film thickness (um

Convexity
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N O
o
A~ O

(b)
682
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Error amplitude (microns)

Friction Torque, Mf (Nm)

63,5 Convexity

(c)

61,5

Max Fluid Temperature T

0 10 20
Error amplitude (microns)

Figure 19 Performance of thrust bearing with manufacturing error “convexity” compared to the deformed bearing
(a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Subsequently, the chart of pressure and temperature and film profile is being
presented in Figure 19.
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Figure 20 Convexity manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and (c) Film
profile
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At the end, the contours of temperature, pressure and film thickness is being
presented for the case of manufacturing errors with amplitude 20 microns.

(a) (b) (c)
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Figure 21 Contours of convexity: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c)Film thickness distribution.
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4.1.3 Concavity

Concavity affects the performance of thrust bearing as: Minimum film thickness
decreases 23.9%, friction torque increases 4.8% and temperature also increases
10.8°C.
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Figure 22 Performance of thrust bearing with manufacturing error “concavity” compared to the deformed bearing
(a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Figure 22 presents the charts of pressure and temperature and film profile.
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Finally, the contours of temperature, pressure and film thickness is being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 24 Contours of concavity: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and (c)
Film thickness distribution.
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4.1.4 Waviness error - one sinewave
The influence of one sinewave on the performance of thrust bearings is: Minimum

film thickness can increase by up to 8.8%, friction torque decreases by up to 0.4% and
temperature decreases by up to 2.1°C.

Waviness (1 sinewave)

72,00
=
3
= 70,00
o
< 68,00
(a) £
£ 66,00
€ 64,00
g 0 5 10 15 20
S Error amplitude (microns)
Waviness (1 sinewave)
__ 687
:
= 686
=
o) <%,:_685
684
[
2
S 683
. 0 5 10 15 20
Error amplitude (microns)
Waviness (1 sinewave)
__ 635
?
— 63
|_
(]
S 62,5
©
(c) g 62
e
k] 61,5
©
E 61
- 0 5 10 15 20
r§° Error amplitude (microns)

Figure 25 Performance of thrust bearing with manufacturing error “one sinewave” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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In the Figure below, we see the pressure and temperature charts.
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Figure 26 One sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and (c)
Film profile
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Figure 26 presents the contours of temperature, pressure and film thickness for the
case of manufacturing errors with amplitude 20 microns
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Figure 27 Contours of one sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c) Film thickness distribution.
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4.1.5 Waviness error — three sinewaves

The existence of three sinewaves affect the performance of thrust bearing as follows:
Minimum film thickness decreases 14.8%, friction torque increases 2.4% and
temperature also increases by 1.7°C.
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Figure 28 Performance of thrust bearing with manufacturing error “three sinewave” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Figure 28 shows the pressure temperature and film profile charts. From the charts
we can clearly see the significant influence of the waves from the fluctuation in
pressure profile. The impact in temperature profile due to waviness is negligible.
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Figure 29 Three sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and
(c) Film profile
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Finally, the contours of temperature, pressure and film thickness is being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 30 Contours of three sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface,
and (c) Film thickness distribution.
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4.1.6 Waviness error — five sinewaves

The influence of five sinewaves in the performance of thrust bearing is as follows:
Minimum film thickness decreases by 18.2%, friction torque increases by 1.9% and
temperature also increases by 1.6°C.
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Figure 31 Performance of thrust bearing with manufacturing error “five sinewave” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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In Figure 31 we see the pressure and temperature charts. Asin case of three sinewaves
the influence of waviness is the same.
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Figure 32 Three sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and
(c) Film profile
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Finally, the contours of temperature, pressure and film thickness is being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 33 Contours of five sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c) Film thickness distribution.

4.1.7 Summarized results

Comparing results in relation to the performance of the deformed pad, convexity and
one sine-wave increase minimum film thickness almost 8%. On the contrary,
concavity, three sine-waves and five sine-waves can decrease minimum film thickness
up to 23%. In agreement with the first results convexity and one sine-wave as they
increase minimum film thickness they also decrease friction torque (only 1%) and
maximum temperature of the lubricant (2°C). The other three cases worsen bearing
performance as they increase friction torque up to 5% and maximum lubricant
temperature by 10°C. The above results are shown in Figure 33.
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Figure 34 Summarized results of 680 kN thrust load in relation to the performance of the plain (deformed) pad
bearing: (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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4.2 Thrust load of 1360 kN

4.2.1 Deformed pad geometry

In the deformed state of the pad, for load of 1360 we have assumed a constant
deformation of 26 microns from plain pad across the two directions (radially,
circumferentially).

In Figure 34, it is showed how the temperature of the model is being formed and also
how heat power is being transferred through the solid parts.

7.818e+001
7.283e+001
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5.142e+001
4 606e+001
4.071e+001
3.5368+001
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Figure 35 Temperature distribution in the lubricant and solid domains of the bearing pad.

Figure 35 (a) presents the distribution of pressure at three different positions (25%
pad width, 50% pad width and 75% pad width). As shown, the highest pressure
appears at the mid sector and as we get away from the mid sector the pressure
decreases, mostly due to fluid leakage. Figure 35 (b) presents the distribution of
temperature at the same position. In temperatures situation we see that the max
temperature increases as we reach at the outer point of the pad and maximizes at the
position where the Hmin point reach (see contour of temperature). Figure 35 (c) shows
the film region between pad and collar.
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Figure 36 Deformed: (a)Chart of pressure (b)Chart of temperature (c)Film profile
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In Figure 36, contour of pressure, temperature and film thickness are presented.
Temperature attains a maximum at the outer region of the bearing close to the
lubricant outflow. This can be attributed to the effect that collar and pad are at the
closest distance and oil heating is due to viscous dissipation as well as the action of
centrifugal forces. Pressure is being maximized at approximately of 65% percent of
the bearing min sector (from inlet point). Minimum film thickness appears at the
inflow position of pad as seen in picture below.
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Figure 37 Contours of deformed pad: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c) Film thickness distribution.
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4.2.2 Convexity

Regarding convexity, as Figure 36 presents, minimum Film thickness increases up to
3.2%. The friction torque decreases by 1.0% and as a consequence, temperature
decreases by 1.0°C.
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Figure 38 Performance of thrust bearing with manufacturing error “convexity” compared to the deformed bearing
(a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Subsequently, the chart of pressure and temperature is being presented in Figure 38.
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Figure 39 Convexity manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and (c) Film
profile
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At the end, the contours of temperature, pressure and film thickness are being

presented for the case of manufacturing errors with amplitude 20 microns.
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Figure 40 Contours of convexity: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and (c)

Film thickness distribution.
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4.2.3 Concavity
Concavity affects the performance of thrust bearing as: Minimum film thickness
decreases 24.9%, friction torque decreases 0.4% and temperature increases 10.0°C.
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Figure 41 Performance of thrust bearing with manufacturing error “concavity” compared to the deformed bearing
(a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Figure 41 presents the charts of pressure and temperature.
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Figure 42 Concavity manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and (c) Film
profile
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Finally, the contours of temperature, pressure and film thickness is being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 43 Contours of concavity: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and (c)
Film thickness distribution.
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4.2.4 Waviness error - one sinewave

The influence of one sinewave in the performance of thrust bearing is: Minimum film
thickness can decrease 9.2%, friction torque increase 3.2% and temperature
decreases 0.3°C.
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Figure 44 Performance of thrust bearing with manufacturing error “one sinewave” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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In Figure bellow we see the pressure and temperature charts
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Figure 45 One sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and
(c) Film profile
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Figure 45 presents the contours of temperature, pressure and film thickness for the
case of manufacturing errors with amplitude 20 microns
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Figure 46 Contours of one sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c) Film thickness distribution.
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4.2.5 Waviness error - three sinewaves
Three sinewaves affect the performance of thrust bearing as: Minimum film thickness
decreases 32.2%, friction torque increases 3.3% and temperature also increases 6.4°C.
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Figure 47 Performance of thrust bearing with manufacturing error “three sinewaves” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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Figure 47 shows the pressure and temperature charts. From the charts we can clearly
see the significant influence of the waves from the fluctuation in pressure profile. The
impact in temperature profile due to waviness is negligible.
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Figure 48 Three sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and
(c) Film profile
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Finally, the contours of temperature, pressure and film thickness are being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 49 Contours of three sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface,
and (c) Film thickness distribution.
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4.2.6 Waviness error - five sinewave

The influence of five sinewaves in the performance of thrust bearing is: Minimum film
thickness decreases 37.0%, friction torque increases 3.5% and temperature also
increases 5.1°C.
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Figure 50 Performance of thrust bearing with manufacturing error “five sinewaves” compared to the deformed
bearing (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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In Figure 50 we see the pressure and temperature charts. Asin case of three sinewaves
the influence of waviness is the same.
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Figure 51 Three sinewave manufacturing error: (a) Pressure distributions, (b) Temperature distributions, and
(c) Film profile

-78-



Finally, the contours of temperature, pressure and film thickness are being presented
for the case of manufacturing errors with amplitude 20 microns.
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Figure 52 Contours of five sinewave: (a), (b) Temperature / pressure distribution at the babbitt-film interface, and
(c) Film thickness distribution.

4.2.7 Summarized results

Comparing results in relation to the performance of the deformed pad (Figure 52),
only convexity increases minimum film thickness by approximately 4%. Also, convexity
decreases friction torque by 1% and maximum lubricant temperature by 1.0°C. For all
the other studied cases, minimum film thickness is decreased, reaching in certain
cases 37%, whereas friction torque is increased by up to 4% and maximum lubricant
temperature by 10.0°C. However, one sine-wave seams to acts positively in max fluid
temperature due to the existing space, which means that a large amount of cooled
lubricant entries the film region and decreases temperature of lubricant (see Figure
44(c)), but it doesn’t improve the other two crucial parameters (minimum film
thickness and friction torque).

-79-



Overall results
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Figure 53 Summarized results of 1360 kN thrust load in relation to the performance of the plain (deformed) pad
bearing: (a) Minimum film thickness (b) Friction torque (c) Max fluid temperature
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5. Conclusions and Future Work

5.1 Conclusions

In the present Thesis, a computational study of tilting pad thrust bearings has been
performed. The aim of the study was to investigate the influence of manufacturing
errors on the performance of fluid film thrust bearings.

In particular, hydrodynamic lubrication in thrust bearing exhibiting different types of
manufacturing errors at the pad surface has been considered. Three different types of
manufacturing errors were studied: (a) concavity, (b) convexity, and (c) waviness (one,
three or five sine-wave) of the pad surface. The main goal was to identify and quantify
the (positive or negative) effect of manufacturing errors on the principal performance
parameters of the bearings, in particular on minimum film thickness, load capacity,
friction torque, maximum pressure and fluid temperature. Two different applied
thrust loads have been considered, namely 680 kN and 1360 kN, while the rotational
speed of the shaft was set at 187.5 RPM. Manufacturing errors were simulated as
sinewaves, with error amplitudes ranging from 0 um to 20 um. Pad deformation due
to elastic deformations and thermal expansion of the metallic structure we taken into
consideration, based on previous literature data. The results of the present work have
demonstrated that only the two of the five studied cases may lead to improved
bearing operation. For the studied low thrust load (680 kN), convexity and one
sinewave can increase minimum lubricant thickness and simultaneously decrease
friction torque/maximum temperature of lubricant. However, for thrust load of 1360
kN, one sine-wave manufacturing error leads to worse bearing operation.

5.2 Future Work
Suggestions for future work for large tilting pad thrust bearings:

1. Implementation of manufacturing errors to the rotor surface (in addition to
those of the pad surface).

2. Extension of the present THD model to account for the exact thermal
expansion and elastic deformations of the bearing metallic parts, due to
temperature and pressure fields.

3. Investigation of the optimal pivot position of tilting pad thrust bearings.
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